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Globalization increasingly requires more and more international networking between research
and development engineers. In response to this, the German Research Association for Drive
Technology (FVA) launched the first Bearing World conference in 2016. With that inaugural
meeting, the FVA initiated a very fruitful international dialogue in which researchers and developers
from universities and bearing manufacturers came together with users and experts from the
industry. The Bearing World conference is held every two years; more than 280 experts from 18
countries met at the last Bearing World conference in 2018 in Kaiserslautern, Germany, to share
the latest research findings in the world of bearings. The next meeting will take place in Hannover,
Germany, on March 31 and April 1, 2020.

The Bearing World Journal, which is published annually, serves to foster exchange between
international experts during non-conference years by featuring peer-reviewed, high-quality scientific
papers on rolling element bearings as well as plain bearings. As an international expert platform for
publishing cutting-edge research findings, the journal intends to contribute to technological
progress in the field of bearings.

We are now starting to prepare the 2019 edition of Bearing World Journal and are looking
forward to new contributions from the scientific and industrial communities. We would like to thank
all authors for their fascinating contributions to Bearing World Journal No. 3.

Prof. Dr.-Ing. Gerhard Poll,

Dr.-Ing. Arbogast Grunau,
Christian Kunze,

submission@bearingworld.org
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Evaluation of the effects of geometrical deviations on the fatigue life and
vibrations of cylindrical roller bearings

R. Dahiwal!, A. Aschenbrenner?, B. Schleich?, S.Wiesklerl, T. Kiekbusch?, S. Tremmel?, S. Wartzack?,
B. Sauer

1 Institute of Machine Elements, Gears and Transmissions (MEGT,) University of Kaiserslautern, dahiwal@mv.uni-kl.de
2 Engineering Design, Friedrich-Alexander-University Erlangen-Ntrnberg, aschenbrenner@mfk.fau.de

Abstract — Due to uncertainties in manufacturing processes all components suffer from geometric deviations and imperfections, even high-
precision components like roller bearings. In general, tolerances define the allowable deviations of components and ensure their
manufacturability, mountability and operational behavior. Nevertheless, geometric deviations can still unpredictably influence the
operational behavior of components. Indeed, studies have shown that deviations together with the operating clearance can significantly
affect the dynamic behavior and thus the fatigue life of roller bearings.

In this contribution, two simulation methods are employed in order to consider and study the effect of geometric deviations like roundness
or dimensional deviations of bearings and their adjacent components (shaft and housing) on a cylindrical roller bearing’s vibrational
behavior and fatigue life. First, a statistical simulation model is introduced allowing an easy way to screen the operational clearance and
fatigue life of a large number of cylindrical roller bearings. Afterward, a multibody dynamic model is used to gather detailed information
about the load distribution on each rolling element and the inner ring displacement during operation. These methods allow a user of roller
bearings a better understanding of the correlation between geometric deviations and a roller bearing’s vibrational behavior as well as fatigue
life. The methods should also aid a user to optimize the geometric definition and tolerancing of their components. After a detailed description
of the methods, their application is demonstrated for a use case.

Keywords — Cylindrical Roller Bearing, Geometric Definition and Tolerancing, Statistical Variation Simulation, Dynamic simulation
method

1. Introduction and Problem definition distribution and thus the fatigue life of a rolling bearing (cf. 1ISO
16281 [9]). Therefore, Oswald et. al. also performed parametric

studies to analyze the influence of varying radial clearance on the
load distribution and fatigue life of ball bearings and cylindrical
roller bearings [10].The operational clearance itself is influenced
by the tightness of a fit [8] and the thermal deformations of shaft
and housing (cf. [3] or [4]).

In respect to roundness deviations, Harris shows a significant
influence of the out-of-roundness of bearing seats on waviness of
bearing raceways [11]. Wardle [12] deals with the influence of
raceway waviness on vibration forces. However, the presented
model is restricted to lower rotational speeds, due to the negligence
of ball-centrifugal forces. In addition to this, the tribological
behavior of the bearing is not considered in this study. Harsha [13]
introduces an extended calculation approach based on the potential
and kinetic energy of the components. He takes into account the
dynamic contribution of a rotor. A dynamic analysis of a ball
bearing was carried out by Changging et. al. [14]. They have taken
the waviness of the bearing raceways and rollers as well as different
operational clearance and the effects of preloading into account. To
summarize, although there is some information on the tolerancing
of bearing components and their adjacent components, the linkage
between the actual effect of a deviation on a bearing’s functional
properties and the resulting consequences for the tolerancing of the
involved components is missing.

Rolling Bearings are high-precision components which are applied
in a great variety of machines. In general, not a single rolling
bearing but a bearing system is used. Such a bearing system
contains two or more rolling bearings. Key characteristics of a
bearing system are service life, frictional loss, acoustics and
vibrations. Among other things, these properties are influenced by
geometric deviations, which are unavoidable due to manufacturing
imprecision [1]. In order to limit these deviations to ensure the
functional behavior and the mountability of a roller bearing,
geometric definition and tolerancing is employed. However, the
task of tolerancing is quite challenging: Too big tolerance values
can lead to a loss of function, whereas too small tolerance values
enormously affect the manufacturing costs [2]. Thus, guidelines are
needed to assist a design engineer with the geometric definition and
tolerancing of their components (namely shaft and housing).

From the literature, generic information regarding the tolerancing
of a bearing’s adjacent components can already be obtained (cf. [3]
or [4]). What is more, some bearing components and dimensions
are standardized, for instance, the bearing clearance classes (cf.
ISO 5753-1 [5]), the bore diameter and outer diameter of a bearing
according to a tolerance classes (cf. 1SO 492 [6] or the cylindrical
rolling elements (cf. DIN 5402-1 [7]). Moreover, there are a couple
of publications dealing with the influence of different kinds of

deviations on the functional behavior of rolling element bearings. ] ) )
In general, the effects of components with dimensional and

geometric deviations on an actual assembly can be investigated
with variation simulations. For this purpose, different methods like
worst-case searching or statistical variation simulations are
available [15]. Moreover, there are a couple of methods to

In [8] Oswald et al. derive life factors for interference fits of
cylindrical roller bearings. However, only hoop stress is
considered. The reduction of the bearing clearance due to the
deformation of the interference fitted bearing rings was
compensated. Yet, operating clearance influences the load
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determine which input parameter contributes the most to the
response of a system consisting of deviating components (so-called
sensitivity analysis) [16].

However, for a design engineer, it might be uneconomic to apply
advanced (dynamic) simulations methods or variation simulations
on each use-case. Therefore, this contribution aims to study the
deviations of the bearing seat, choose component tolerance classes
and analyze their effects on fatigue and vibrational behavior of the
bearing system with the help of introduced simulation approaches.
The studies were carried out at the Friedrich-Alexander-University
Erlangen-Nirnberg - Engineering Design (KTmfk) and at the
Technical University of Kaiserslautern by the Institute of Machine
Elements, Gears, and Transmissions (MEGT).

2. Approaches for Tolerance Analysis

For the evaluation of the effects of the geometric deviations on the
fatigue life and vibrational behavior of cylindrical roller bearings,
two different approaches are employed. On the one hand, the
results of a variation simulation of cylindrical roller bearing’s
operating clearances are linked to fatigue life calculation. The
variation simulation allows the consideration of a vast amount of
combinations. It is therefore utilized for screening the design space
of a cylindrical roller bearing system (consisting of the cylindrical
roller bearing and its adjacent components). On the other hand, a
method based on multibody simulations is used to gain a more
detailed insight on specific design points within the design space.
Both methods are discussed in the following subsections.

2.1. Variation simulation of cylindrical roller bearings

A tolerance analysis covers the representation of the geometrical
deviations, the description of the behavior of a system consisting
of deviating components and the application of proper analysis
methods [15]. In terms of geometrical deviations, dimensional as
well as geometrical accuracy (such as deviations from circular or
cylindrical form) can be considered. In general, it is not feasible to
analyze all deviating features of a product but only so-called
functional key characteristics (FKCs). According to Thornton [17],
FKCs are those features of a product, a subassembly or a part,
which have a significant influence on the cost, performance or
safety of a product. Thus, FKCs can represent the behavior of a
deviating system or product. Although there are FKCs that can be
described by only one deviating parameter, they normally have
several influential contributors. In case of machine systems, the
service life, reliability and maintenance intensity is often
determined by the service life of individual machine elements, such
as the fatigue life of its rolling element bearings. Thus, the fatigue
life can be considered as one of the main FKCs. As the operating
clearance directly influences the fatigue life of a rolling element
bearing it could be considered as a FKCs as well. In contrast to
fatigue life, the operating clearance is a purely geometric quantity
and can be directly determined by a tolerance analysis. Hence,
within the variation simulation, the results of the operating
clearance are used to assess the influence of geometric deviation on
the fatigue life of cylindrical roller bearings.

In general, different analysis methods can be utilized for the
analysis of FKCs and their contributors, such as worst-case
searching or statistical variation analysis. As the purpose of the
herein described variation simulation is the screening of the design

space of a cylindrical roller bearing system, a statistical approach
is applied. The workflow of the method follows the previously
described threefold division [15] and is shown in Figure 1.

Figure 1: Workflow of the variation simulation of cylindrical
roller bearings

At first, a huge amount of virtual bearing rings and adjacent
components (namely shaft and housing) is sampled — each with its
own unique dimensional and geometric deviations. These
components are then randomly combined. Afterwards, the
dimensions of the raceways of the bearing rings are used to select
a roller sort to sample the rollers of this cylindrical roller bearing
system. Within a roller sort, dimensional deviation may occur as
well.

After the generation of the non-ideal components, the operating
clearances of all virtual roller bearings are calculated using contact
detection algorithms. These results are then linked to the
determination of the fatigue life of each cylindrical roller bearing
system using the calculation specifications of 1SO/TS 16281 [9].
Afterwards, a statistical analysis is performed for both, operating
clearance and fatigue life. For the statistical analysis, some
statistical characteristics are evaluated such as the sample mean,
the sample standard deviation and sensitivity of the FKCs with
respect to the deviating geometrical parameters. This information
can not only be used to identify critical or outstanding
combinations for further examination but also for the improvement
of the tolerance design of a cylindrical bearing system. In the
following subsections, all steps are described in greater detail.

2.1.1. Generation of non-ideal geometry

Besides uncertainties related to the geometric deviations, which
occur during the manufacturing of the bearing components, the
operating clearance may also vary due to the deformation of the
bearing rings. Deformation can result from the mounting of the
bearing rings as well as of the thermal expansion of the bearing
components. For the generation of the non-ideal geometry, all three
aspects should be regarded.

In order to keep the complexity and the calculation efforts for the
screening relatively low, only one 2D-radial cut of each bearing is
considered. Within such a 2D section only the surfaces of the
deviating components have to be considered for the evaluation of
the operating clearance. Thus, the volumes of the components are
neglected. Following the idea of [18], the non-ideal geometries are
represented by a discrete geometry approach, i.e. surface meshes.
A surface mesh is composed of vertices and edges. The position of
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each vertex can be expressed in polar coordinates. In terms of
angular distance, the vertices are equally distributed on the surface.
The radial coordinate of each vertex could be obtained using
mathematical descriptions such as the Discrete Fourier
Transformation [19]. For the edges, linear as well as trial functions
with the higher polynomial degree can be chosen (p-method).
However, computation time will increase tremendously with the
polynomial degree. Thus, linear edges are used. To make up for the
resulting discretization error, the number of vertices is increased
(h-method).

In case of the shaft and housing dimensional as well as geometrical
deviations are considered. However, the tolerance design of the
inner geometry of a cylindrical roller bearing is confidential
company know-how of each bearing manufacture. Hence, only
dimensional deviations of the bearing components are regarded.
Tolerance values for the outer dimensions can be found in ISO 492
[6]. For a first approximation, the values of the inner dimensions
can be derived from the values of the adjacent components of
needle cages with a comparable size. While the sampling of the
dimensional  deviations is quite straight-forward, the
aforementioned Fourier Transformations are employed for
sampling the out-of-roundness of the adjacent components.

Bearing manufactures normally try to manufacture bearing
components in such a manner, that the actual initial bearing
clearance is near to the mean initial bearing clearance of a specific
clearance class. For this purpose, the rolling elements are classified
by their diameter, whereby each class has very tight specification
limits. For instance, the allowable radial deviation of roller
diameters smaller than 26 mm is 1 pm or less [7]. Once the bearing
rings with their dimensional deviations are sampled, the values of
the actual raceway diameters can be used to individually select a
roller diameter class for each cylindrical roller bearing.

When all components have been sampled, the mounting of the
bearing rings can be simulated. If the bearing rings are mounted
with interference between the bearing rings and their adjacent
components, they will deform during the mounting process.
Besides dimensional deformations (i.e. the expansion of the inner
ring and the contraction of the outer ring), bearing rings also tend
to adapt the out-of-roundness of their adjacent components. This is
due to the relatively small wall thickness of bearing rings [20].
Normally, the deformations of the bearing rings can be evaluated
using a Finite Element Analysis (FEA). Yet, FEAs imply high
computational cost and are therefore not practicable for statistical
approaches, as several hundred or thousand samples are evaluated.
At least the dimensional deformation of the bearing rings can be
easily approximated analytically using the calculation rules for
interference fits in DIN 7190-1 [21]. The calculation of
interference fits is based on the determination of the cylinder stress
in thin- or thick-walled cylinders (depending on the diameter ratio)
[22]. Unfortunately, geometric deviation like out-of-roundness
cannot be considered.

Nevertheless, this approach could be used to derive a modified
calculation formula for the evaluation of the local deformations of
the bearing rings. For this purpose, the components are subdivided
into very thin slices using the discrete geometry representation. For
each slice, the actual interference is calculated. Afterward, each
slice is treated like a closed cylinder for which the radial

deformation can be calculated following the calculation rules for
interference fits. The resulting radial deformations can then be used
to radially translate the corresponding vertices.

This modified calculation formula was compared to the results of
several FEAs. Since the deformation of the bearing rings was
overestimated, the results of the FEAs were divided into training
and test data and a linear regression model based on the training
data was implemented. Afterward, the regression model was tested
with the remaining test data. Since the coefficient of prognosis was
about 99.70 % and the mean absolute deviation was around
0.01 pm, the results seem quite promising. However, the modified
calculation formula has just been tested for harmonic waviness.
Hence, further testing is mandatory.

Although in most applications the temperatures of the bearing
components nearly remain constant after run-up [23], the thermal
expansion of the bearing rings can affect the operating clearance
too. In many applications of cylindrical roller bearings, the inner
ring will be warmer than the outer ring. As a result, the expansion
of the inner ring is greater than the expansion of the outer ring and
the operating clearance decreases. Therefore, thermal linear
expansion of the bearing components is considered. Although
deviations of the thermal gradient could be easily considered, the
cylindrical roller bearings shall operate in a steady state, for reasons
of simplicity.

2.1.2. Determination of the functional key characteristics

As aforementioned, both, the operating clearance and the fatigue
life of the cylindrical roller bearings, are regarded as FKCs. First,
the operating clearance is evaluated. The results are thereafter used
to calculate the fatigue life. A concept for the determination of the
operating clearance of cylindrical roller bearings has already been
published by Aschenbrenner and Wartzack in [24]. The concept is
based on a ray trace algorithm and consists of four major steps de-
picted in Figure 2. Nevertheless, the necessary steps are shortly
summarized in the following.

Figure 2: Process for the evaluation of the operating clearance

a) Initial positioning of the non-ideal bearing components

b) Registration of the rollers on the outer raceway

c) Registration of the inner ring onto the roller(s)

d) Registration of the inner ring onto the roller(s) in opposing
direction

Firstly, all non-ideal bearing components are positioned with
respect to a global coordinate system. In the beginning, the center
points of the rollers are located on the pitch circle diameter of the
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roller set with an angular distance equal to the separation angle
corresponding to the number of rollers. The bearing rings are
concentrically arranged around the global center point. Thereafter,
the bearing components are registered onto each other. For this
purpose, contact detection algorithms are employed. Following
[12], contact detection algorithms can be classified as broad-phase
and narrow-phase contact detection algorithms. Broad-phase
contact detection algorithms preselect those bodies, which might
be or get into contact. Therefore, fast but imprecise approaches are
employed. For instance, the real bodies are substituted by a simple
generic geometry element (so-called hitboxes, such as a circle in
2D or spheres in 3D). For this generic geometry elements, the
evaluation of intersection is of very low computational costs (e.g.
circles intersect if the distance between the center points is less than
or equal to the sum of their radii). The employed broad-phase
algorithm makes use of the fact that the polar coordinates of each
surface vertex as well as of the center points of the rollers are
known or could be easily determined ex-ante. The concept of the
broad-phase algorithm is shown in Figure 3.

Figure 3: Broad-phase algorithm for the registration of the
bearing clearance

The (deviating) radius of a roller rgg; can be used to calculate the
angle §; within the right-angled triangle described by the point of
contact of a tangential vector, the fixed center point and the center
point of the roller. The relevant features (i. e. a vertex or an edge)
are all those features located within the arc between 6; — §; and
8; + §;. This algorithm works fine for the registration of the rollers
onto the outer ring, because each roller has to have contact with the
outer ring. However, the inner ring may not have contact to all
rollers at once, as depicted in Figure 2 ¢) and d). To overcome this
flaw, a preselection of the rollers based on the separation angle
could be done for a given direction of translation t;.

Once all relevant bodies and body features are selected, they can
be used in a narrow-phase algorithm to determine the exact contact
points. Following the idea of Schleich and Wartzack [18], a ray-
trace algorithm is used for the narrow-phase contact detection of
both, the registration of the rollers onto the outer ring as well as the
registration of the inner ring onto the rollers. According to [25], a
ray is emitted from each surface vertex. All rays point in the same
predefined direction of translation ;. If a ray hits a feature of
another body (i.e. a vertex or an edge), a point of intersection can
be calculated. The intersection point, for which the distance to the
emitting point is the smallest, is the actual contact point and the
distance is the possible translation in this direction. To obtain the
operating clearance, this procedure has to be repeated for the
opposing direction of translation t;. Thus, the operating clearance

10

is the sum of the translation distance in both directions as depicted
in Figure 4. Since the value of the operating clearance strongly de-
pends on the selected direction, the operating clearance should be
evaluated multiple times for different pairs of directions.

Finally, the results of the operating clearance can be used to
determine the fatigue life using the calculation rules for the
reference rating life in ISO/TS 16281 [9]. The calculation is based
on a lamina model for which all rollers are cut into several laminae.
For each lamina, the dynamic load rating as well as the dynamic
load, is determined. For the determination of the dynamic load
rating, further calculation specifications are provided by
ISO/TR 1281-1 [26]. The dynamic loading of a lamina can be
obtained by iteratively solving a force and momentum equilibrium,
whereby the stress in the edge areas of a roller can vary due to
tilting and surface profiles of the bearing components (e.g.
crowning of rollers). In ISO/TS 16281 a formula for standard
barrel-like crowns is provided. More complex surface profiles

Figure 4: Determination of the operating clearance for a cylindrical
roller bearing with geometric deviations using ray tracing

make it necessary to use advanced numerical solution for contact
problems such as [27] or [28].

2.1.3. Statistical analysis of the functional key characteristics

After the operating clearance and the fatigue life of hundreds of
virtual cylindrical roller bearings are calculated, the results must be
appropriately processed. For this purpose, statistical key figures
like sample mean, sample standard deviation, different quantiles,
sample minimum and sample maximum can be determined.
Furthermore, visual auxiliary tools like histograms or scatter plots
can be utilized. These evaluation options may already assist a user
in adjusting the geometric definition and tolerancing of their
cylindrical roller bearing system. Nevertheless, knowledge about
the kind and strength of the relationship between input and output
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parameters can provide additional help for a user to perform a
target-oriented adjustment and in understanding the behavior of a
system with its varying input parameters. Sensitivity analysis has
established as a method for this purpose. There are several
sensitivity analyses, all with specific pros and cons as well as
specific ranges of application (cf. in the case of cylindrical roller
bearings, the sorting of the rollers leads to statistical dependencies,
disabling a couple of sensitivity analysis like those, requesting
statistical independence (e.g. Pearson correlation) or rely on a
specific sampling (e.g. (extended) Fourier Amplitude Sensitivity
Test). Among the possible sensitivity analyses, the moment
independent uncertainty indicator by Borgonovo [29] is chosen due
to its simple interpretability. The values range from 0 to 1, with 0
indicating independence (i.e. no influence) and 1 indicating
absolute dependence (i.e. very high influence) between an output
parameter and an input parameter. The moment independent
uncertainty indicator is a density-based global sensitivity analysis
which uses conditional probability densities (i.e. the probability
density that results, if one input parameter is fixed to a specific
value). According to [30], for a given set of data, these conditional
densities could be obtained by classifying the values and perform a
kernel density estimation using kernel smoothing for each value
class.

Once the statistical key figures and sensitivities are calculated, a
user can purposefully use this information. For instance, a
cylindrical roller bearing system should have an extended fatigue
life. Thus, the user will shift the dimensional definition and
tolerancing of his components (shaft and housing) towards those
combinations achieving high values for the fatigue life (i.e. the
maximum value) and tries to avoid those combinations showing
weaker performance (i.e. the minimum value). Nevertheless,
uncertainties are inevitable due to imprecisions that are inherent to
all manufacturing processes [1]. Hence, a cylindrical roller bearing
system should possess a robust behavior so that its fatigue life will
not tend to vary much due to dimensional and geometric deviations
of the components. The sensitivities could be used to identify the
geometric characteristics mainly affecting the uncertainties of the
fatigue life (i.e. those input parameters with high sensitivities), and
pay particular attention to these geometric characteristics during
the manufacturing of the shaft and housing. In contrast, geometric
characteristics hardly influencing the fatigue life might receive
much less attention and their tolerances might even be widened. As
a result, a user may obtain a more robust cylindrical roller system
for less manufacturing cost.

Albeit, the purpose of the herein presented variation simulation of
cylindrical roller bearings is the screening of a huge design space.
Therefore, it is based on fast but simple quasi-dynamic models of
the behavior of cylindrical roller bearings. A closer look at the
dynamic behavior of a bearing can grant further insights and thus
guidance for improving a cylindrical roller bearing’s geometric
definition and tolerancing. In the next section, a method for
dynamic analysis of deviating cylindrical roller bearing systems is
presented which is based on multibody dynamic simulations.

2.2. Dynamic simulation of cylindrical roller bearings

Dynamic simulations are intended to observe the dynamic
responses of a system in motion. It helps to describe the overall
behavior of a system in the simulation environment. Thus, dynamic

11

simulations can be considered as a virtual testing environment.
With the help of these simulations, mass inertias of the bodies, their
velocities and accelerations along with the forces acting on the rigid
bodies like reaction forces, centrifugal and frictional forces can be
analyzed in detail like in the real physical environment. Such
simulation models are developed and extended at the MEGT [31]
[32]. In order to make a detailed analysis of the effects of the
geometric deviations (dimensional and roundness deviations) of
the cylindrical roller bearing and their adjacent components on the
dynamic behavior, these models are employed and adapted for
further investigation in this contribution.

The investigation of these deviations can be performed with the
suitable CAE simulation methods and the subsequent evaluation is
carried out analytically. Thereby, threshold values (High, Low and
Median) of dimensional deviations (bearing operating clearances),
obtained by screening the design space using variation simulation
and roundness deviations of the raceways, obtained by the FE
model are considered in this approach. The tolerance values for the
adjacent components are chosen based on the manufacturer's
specifications (cf. ISO 16281 [9]). Tolerances are well defined for
the outer dimensions of a bearing’s inner- and outer rings as well
as for its adjacent components. However, no guidance is available
for the tolerances of the bearing raceways. Therefore, finite
element analysis (FEA) is used to evaluate the effects of
production-related form deviations of adjacent components on the
deformation of the bearing raceways. Roundness deviation of the
bearing rings is neglected.

Figure 5 gives insight into the detailed approach to the dynamic
simulation of cylindrical roller bearing [31], where geometrical
deviations of adjacent components are considered in FE- and MBS
model. The raceway deformations, arise due to the deviations are
further described as a waviness (surface irregularities). It is
implemented as a harmonic wave function by superimposing the
multiple waves to define the form error of the raceway in the MBS
Model. Subsequently, the multibody simulations are performed and
the dynamic behavior is closely investigated. This strategy helps to
study the fundamental influence of deviations on the additional
functional key characteristics (FKCs) like bearing fatigue life and
the vibrational behavior of the bearing. After the evaluation and the
analysis, recommendations and guidelines to optimize the
tolerancing of bearing systems are available for the users.
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Figure 5: The approach to the dynamic simulation of cylindrical
roller bearing

The model additionally possesses the ability to simulate a multiple
number of combinations and analyze them subsequently. The high,
low and median value of deviation can lead to a large number of
combinations. It is highly impractical to enter all these values
manually for each of the combinations. Besides, simulation and
evaluation of the respective model is also time-consuming.
Therefore, a strategy for quickly sampling the input variables has
been developed. Solving of the models, evaluation, generation of
the plots and its comparison can take place automatically with the
Matlab script. So, this helps to minimize the investigation time.

2.2.1. Development of the FE model

Geometric imperfections affect the nominal dimensions of the
bearing. As aforementioned, bearing raceways tend to deform
during mounting. The deformation of the raceways has a significant
influence on the bearing load distribution, bearing stiffness and the
contact pressure. Eventually, it influences the bearing life and
overall dynamic behavior of the bearing. The resultant overall
deformation of bearing raceways can be obtained with the help of
FE model.

To determine the deformation of the raceways, a parametric FE
model for a cylindrical roller bearing (NU206) was established.
The geometrical data of the bearing is provided in Table 2. This
model can be modulated and regenerated easily for other bearing
types by manipulating different geometrical parameters.

Figure 6: Exemplary consideration of form deviations for the
housing and the shaft
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As shown in Figure 5, two model cases for adjacent components of
the bearings, one for the shaft and another for the housing are
established. Roundness deviation of the housing is defined by a
curve of constant width with five rounded tips. For the shaft, a
curve with three rounded tips is considered in the model. For each
of these model cases, two models will be established separately that
take into account the High and Low case of the deviation values.

Raceway deformations are the output of the FE simulation. Further,
the necessary analysis was carried out on the deformation with the
Fast Fourier transformation to extract the number of waves
(frequency of waviness) and the respective amplitudes. The
exemplary decomposition of the deformation of the raceways can
later on, be used in the MBS models.

2.2.2. Fundamentals of the Multibody Dynamic Model

Many physical processes within a bearing are difficult to detect and
investigate by experiments, as for example the local friction
phenomena. Further, the stress distribution and kinematics of
rolling bodies are also difficult to determine by experiments.
Numerical dynamic simulations allow for a better understanding of
the processes within a roller bearing. Their theoretical investigation
can be done with the self-developed dynamic models based on the
commercially available softwares like MSC.Adams [32] and
Simpack [33]. Furthermore, own routines were implemented to
describe the interaction in the bearing contacts [32]. They are
numerical models and are solved by simulation solvers. The models
available so far are the deep groove ball bearings and angular
contact bearings, cylindrical-, tapered- and spherical roller
bearings.

These models are parametrically realized so that the modifications
within the geometry, lubrication properties and operating
parameters can be adjusted easily as per the purpose and the
requirement. That allows generating the models for different
bearing types that fit the research purpose [34]. The biggest
advantage of these models is that they can be simulated as an
individual bearing or they can be integrated into some complex
system e.g. intermediate shaft of a spur gearbox, pinion shaft of a
differential gearbox, an electric motor shaft or a connecting rod of
an engine.

As mentioned earlier, MBS model describes the dynamic behavior
of a bearing through the numerical simulation and the contact
routines calculate the necessary reaction forces for each of the
contact. These routines also describe the output values of the
simulation results and analyze the tribological processes in contact.

Figure 7 shows the solution approach that solves the dynamic sim-
ulation of the roller bearings, which includes contact point detec-
tion, normal and frictional force calculation as a function of the
rolling bearing geometry and the specified boundary conditions
(load, rotational speed, lubricant etc.). For each contact e.g. roller-
raceway, roller-cage pocket or roller-rib, separate routines are
implemented. In this contribution, the focus is on the contact
calculations in the roller-raceway contact.
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Figure 7: Partial tasks in dynamic simulation of roller bearings
and solution approaches at the MEGT

The first step in the contact calculation is the detection of the
contact point and is carried out with the help of geometrical
variables of the rolling elements and the bearing rings as well as
their respective distances from each another [31]. This model
provides the possibility to find the contact point precisely and
numerically efficient.

In the case of cylindrical rolling elements, a line contact occurs
between the rolling elements and the raceway. For a precise
determination of the contact conditions, a lamina model is used in
which the contact area is discretized into a predefined number of
laminae (cf. ISO/TS 16281 [9]). The contact will be determined for
each lamina. This procedure is the basis for the calculation of the
normal, damping and friction forces in the rolling element-raceway
contact.

Figure 8: Lamina model [9] and qualitative pressure distribution
between plane-cylinder contacts without tilting of the rolling body
[32]

The normal force calculation has been carried out with force-
deformation relationships based on Hertz for line contact (cf. [35]
or [36]). However, for these contacts the pressure distribution
differs significantly from the uniform pressure distribution,
especially the end of the rolling elements usually suffers from high
stresses. These high stresses in concentrated contacts (see Figure 8)
have a decisive influence on the load carrying capacity and the
fatigue life. In order to avoid these stress peaks at the end of the
rolling elements, raceways and/or rolling elements are profiled.
These stress concentrations can still occur in the case of profiled
rolling elements when bearings are highly loaded or under the
tilting load. The established roller bearing model can also take into
account this phenomenon of stress peaks at the ends through the
Alternative Slicing Technique (AST), which allows a more
accurate calculation of the pressure distribution in line-contacts
[37]. This detailed pressure distribution leads to a more accurate
fatigue life computation. This is also necessary for the calculation
of frictional forces since the pressure distribution is an important
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influencing factor. Thus, the (local) changes in the lubricating
properties, temperature distribution and friction conditions
associated with the non-uniform normal pressure distribution can
be taken into account. In addition to the determination of the
normal forces, damping effect is considered by a simple parametric
approach (damping as a function of penetration) [38]. Different
frictional phenomenon (dry-, boundary- and mixed friction [39] are
also considered in the model for a realistic calculation of the
frictional moment.

The developed MBS model was adapted in such a way that all the
relevant input variables can be examined. Thus, the model for
cylindrical roller bearings has been extended by the possibility of
considering a geometrical deviation of the raceways.

In the contact calculation, roundness deviation of the raceways can
be considered as the waviness by implementing harmonic wave
function with an arbitrary number of waves and amplitudes over
the circumference. This form error will be reproduced with the
following formula and implemeted directly into the contact
calculation:

Drace = Dracenpmina + ampy * sin (wavey - @)+ ampy
-sin (wavey, - @)
where, D,.q.. is the diameter of the raceway, D4, .. is nominal

raceway diameter, amp,, is amplitude of the waviness, wave,, is
the frequency of the waviness and ¢ is the angle over the raceway.

Thus, a variety of common geometrical form deviations can already
be generated. As shown in Figure 9, two waves per the circumfer-
ence produce the ellipsoid form (i.e. frequency of waviness 2) and
a curve with three rounded tips (i.e. frequency of waviness 3) can
be reproduced with three waves and so on. Furthermore, any round-
ness deviations per circumference can be reproduced by superim-
posing the number of waves and their respective amplitudes (see
Figure 9) in a similar way as Fourier series [40].

Figure 9: Different possible geometrical deviations of the raceways
in the MBS model (here exemplary) by selecting the number of
waves over the circumference (from left: 2 waves (oval), 3 waves
(curve with constant width), superimposed multiple waves)

In order to define the dimensional deviation of the raceways,
bearing operating clearances can be used. On the basis of these
operating clearances, corrected raceway diameters can directly be
put into the MBS model parameters.

In this contribution, cylindrical roller bearing of type NU206 has
been selected for the investigation purpose. The bearing model is
solved systematically to examine the contact forces and vibrations.
Bearing data along with operating parameters for the FE- as well
as for the MBS model are summarized in Table 2.
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2.2.3. Investigation of the dynamic behavior and evaluating
FKCs

Simulation results enable the understanding of the inner dynamics
of the roller bearings. Rotational speeds of the rolling element or
the cage, translational displacements of the rings and load acting
on each rolling contact can be investigated thoroughly, on the basis
of which vibrational behavior and bearing fatigue life can be
evaluated. For the investigation of the dynamic behavior of the
cylindrical roller bearing, it is regarded to operate in a steady state
condition, i.e. external load is constant in value and direction and
the inner ring is accelerated to a stationary speed.

Exemplary rotational speeds of inner ring, cage, rolling element
and the load on the rolling element over the simulation time are
shown in Figure 10. Simulation parameters are listed in Table 1 and
the inner bearing geometrical parameters including considered
tolerances are listed Table 2

Table 1: Simulation Parameters

Simulation Time 1s

Simulation Steps 6000

Radial Load 5000 N

Rotational Speed 1000 rpm

Solid Friction Model Cubic Friction Model

Static friction co-efficient 0.1

Dynamic friction co-efficient 0.08

Elastohydrodynamic Friction Model Model according to Dowson and

Higginson [41]

Damping Model Cubic Damping Model

Damping co-efficient 100

Rolling Element Profile Logarithmic Norm Profile DIN 1ISO
281

Lubricant type FVA3

Lubricant Temperature 40°C

These simulation models have been verified experimentally several
times in different research projects [31] [32] [33] [34]. It can be
seen that the inner ring is accelerated to its stationary speed within
the first 0.1 s of simulation (green curve) time. The rotational speed
of the rolling element increases at the beginning of the simulation.
During this time period, rolling element (black dotted curve) is
located in the load zone. In the no-load zone, the rolling element
speed reduces and it accelerates again during the entry into the
load-zone. Within the load zone, the speed remains constant and
the rolling element rotates approximately at its kinematic speed.

2000.0 2500.0
i}2000.0

15000 |
A 1 H500.0

1000.04

Rotational Speed / rpm

---Cage Speed r1000.0
----- Rolling Element Speed || -

500.04 —Rolling Element Load

I T

0.0 o 2 03 04 05 06 07 08 09 10
Time/ sec
Figure 10: Exemplary results of the load distribution on the single
roller element along with rotational speeds of the inner ring, cage
and the rolling element
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These results like rolling element load distribution and the
translational displacement of the inner ring (introduced in 3.2) are
then used to evaluate the FKCs. The analytical evaluation of the
relevant functional key characteristics is carried out as follows:

Excitations of vibrations: The dynamic simulation provides the
radial displacement of the inner ring relative to the outer ring and
is investigated in the stationary condition in order to extract the
vibration excitations. Therefore, for this particular region, a
spectrogram is produced with a Fourier analysis, in the direction of
the load and transverse to the direction of the load. Order of
vibration and the respective amplitudes are registered. The
maximum amplitude of the respective variable is assigned as the
comparison parameter with the other combinations of threshold
values.

Fatigue life: The evaluation of the fatigue life is carried out by
calculating the equivalent load on the bearing based on (cf. ISO/TS
16281 [9]). The data of rolling element load distribution (load
spectrum) is used from the dynamic simulation. In this context, the
load spectrum explains the load not only for a single fixed time
step, but over the entire simulation time and for each lamina. After
this, the reference rating life L,, for different combinations of the
threshold values are then calculated and compared with each other
for the analysis purpose.

3. Application of the methods

The application of both methods is shown for a cylindrical roller
bearing of the type NU206 with a normal tolerance class (P0) and
bearing clearance (CN). A radial load of 5000 N is applied to the
cylindrical roller bearing, where the inner ring is circumferentially
and the outer ring is point loaded. Thus, there is an interference fit
between the shaft and the inner ring of the cylindrical roller
bearing, whereas the outer ring is mounted with a loose fit. The
cylindrical roller bearing should operate under stationary operating
conditions with a rotational speed of 1000 rpm and a steady-state
temperature of 40° C for the lubricant and the rolling element set.
The inner ring is slightly warmer (42.5° C) while the outer ring is
slightly colder (37.5° C). For the definition of the diameters ISO
code system according to 1SO 286-1 [42] is used, except for the
bore diameter and the outer diameter of the cylindrical roller
bearing, which correspond to I1SO 492 [6]. In addition, the value
range of the diameter of the rolling elements composes of three
diameter classes. The range of each class corresponds to DIN 5402-
1 [7]. It is supposed, that shafts and housings are all manufactured
with their own specific manufacturing process leading to a
characteristic out-of-roundness (so-called signature, cf. [19]). For
the shape of the shafts tri-lobed profiles are assumed (i.e. the
frequency of waviness is 3) and the shape of the housings should
follow ellipsoids (i.e. the frequency of the waviness is 2). All value
ranges and assumptions are summarized in Table 2.

Table 2: Values for the application use case

Category Input parameters Values
Dynamic load rating C, 45000 N
Fatigue load rating C 5700 N

Bearing properties | Initial clearance G*° according to [20 pm;

(NU 206) clearance class CN (1SO 5753-1 [5]) 45 um]
Tolerance class PO
Number of rolling elements 11
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Radial load P 5000 N
Rotational speed w 1000 rpm
Mechanical load . . . Circumferentia
Type of loading on the inner ring
| loaded
Type of the loading on the outer ring Point loaded
Lubricant temperature Ty, 40°C
Temperature of outer ring Tog 375°C
Thermal load
Temperature of rolling elementset T, | 40°C
Temperature of inner ring Tz 425°C
. [30.002 mm;
Diameter S: 330k6
30.015 mm]
Shaft Roundness tolerance ag
[0 pm;3 pm]
(corresponds to 1T4/2 for @30)
Frequency of waviness fg 3
i [62 mm;
Bore diameter H;: 362H6
62.019 mm]
Roundness tolerance ay
[0 pm; 9.5 pm]
(corresponds to 1T6/2 for @62)
i Frequency of waviness f; — statistical
Housing X 2
analysis
Number of rounded tips in the FE 5
Model
. [94 mm;
Outer diameter H,
96 mm]
. [29.99 mm;
Bore diameter d
. 30 mm]
Inner Ring
Raceway diameter F [37.489 mm;
(corresponds to @37.5h5) 37.500 mm]
Raceway diameter E [55.501 mm;
. (corresponds to @55.5G6) 55.529 mm]
Outer Ring
. [61.987 mm;
Outer diameter D
62 mm]
Length I, 10 mm
Chamfer radius r, 1mm
[8.988 mm;
. 8.990 mm[
Rolling Element —
. [8.990 mmy;
Diameter classes Dy,
8.992 mm[
[8.992 mmy;
8.994 mm]

Firstly, the design space is screened using the variation simulation
of the cylindrical roller bearings. A total amount of 10000
cylindrical ~roller bearing systems are evaluated. As
aforementioned, the operating clearance and the fatigue life are
analyzed. Thereafter, the combinations with the highest and lowest
fatigue life as well as the middle value (median) are analyzed in
greater detail utilizing multibody simulations. In addition to the
fatigue life, the vibrational behavior of the cylindrical roller bearing
systems (in terms of the displacement of the inner ring) is
evaluated. Both methods use the results to determine the influence
of the deviations on the functional key characteristics. A discussion
of the results for each method can be found in the following two
subsections.
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3.1. Statistical tolerance analysis of bearing clearances and the
fatigue life

For the application of the statistical variation simulations, all
dimensional values are assumed to be normally distributed with a
minimum process capability index of ¢, = 1. The mean diameters
of the shafts and housings should be centered between their lower
and upper limits, while the mean values of the bearing dimensions
are not centered but shifted 1/3 towards the cutting side, i.e. bores
tend to be smaller and outer diameters tend to be greater than their
arithmetic mean value. For the roundness deviations of the adjacent
components a folded normal distributed is supposed, i.e. values are
sampled using a standard normal distribution but the absolute
values of this samplings are used. For the rollers, one normal
distribution is assumed across all diameter classes.

Firstly, the operating clearance is evaluated. The frequency
distribution is shown in Figure 11.

Figure 11: Frequency distribution of the resulting operating
clearances

Due to the thermal expansion of the bearing components and the
assembly-related deformations, the values of the operating
clearances are smaller than the mean value of the initial bearing
clearance (32.5 um). This results in a mean shift of about 11.86 um
for the operating clearance. However, no negative clearance
(interference) occurred. In fact, the values of the operating
clearance range from circa 8.00 um to 31.28 um Thus,
mountability is guaranteed for all combinations. The standard
deviation of the operating clearance, resulting from the deviations,
is 2.56 um. To analyze, which deviation contributes the most to the
uncertainty of the operating clearance, the aforementioned moment
independent uncertainty indicator is employed. The results can be
seen in Figure 12.

Figure 12: Moment independent uncertainty indicators of the
considered deviation.
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In order to avoid falsification of the results due to statistical
dependence and other effects related to the sorting of the rollers,
the moment independent uncertainty indicators are evaluated for
each diameter class separately. As expected, the deviation of the
shaft diameter influences the operating clearance the most, due to
the interference fit. In contrast, because of the loose fit, the
deviating parameters of the housing have almost no effect on the
uncertainty of the operating clearance. The next most important
contributors are the deviations of the raceway diameter of the outer
ring and the bore diameter of the inner ring. The initial bearing
clearance only depends on the inner geometry of a cylindrical roller
bearing (i.e. the raceway diameters and the roller diameters) and
the operating clearance derives from the initial bearing clearance.
Within the group of inner geometry parameters, the raceway
diameter of the outer ring possesses the biggest variation (cf. Table
2) and therefore contributes the most to the uncertainty of the op-
erating clearance. As the tightness of the fit between the shaft and
the inner ring depends on both, the shaft diameter and the bore di-
ameter of the inner ring, it is no surprise, that the bore diameter of
the inner ring noticeably influences the operating clearance. How-
ever, the effect of the roundness deviation of the shaft on the oper-
ating clearance seems to be negligibly small.

Considering these results so far, if a user wants to reduce the
variation of the operating clearance of their cylindrical roller
bearing systems, special attention to the interference fitted adjacent
components (in this use case: the shaft) should be paid. Both, a
restriction of the diameter tolerance as well as sorting the adjacent
components and their corresponding bearing rings might be
applicable. On the other hand, roundness deviations might not be
further restricted.

Besides the operating clearance, the effects of the deviations on the
fatigue life should be considered. The frequency distribution for
this use case is depicted in Figure 13.

Figure 13: Frequency distribution of the resulting reference rating
life

In comparison to the operating clearance, the reference rating life
shows a different statistical behavior. While the operating
clearance is almost normally distributed around the mean value, the
majority of the values of the reference rating life are located around
their median (19509 h) with a few outliers possessing a
significantly higher reference rating life. This leads to an increased
standard deviation for the fatigue life. Thereby, the uncertainty of
the cylindrical roller bearing systems rises, leading to a decreased
predictability of the maintenance and, thus, loss of quality of such
systems. For better understanding, the statistical behavior of the
reference rating life, the relationship between the operating
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clearance and the reference rating life is depicted in a scatter plot
in Figure 14.

Figure 14: Relationship between operating clearance and
reference rating life

Once the operating clearance sinks beneath a certain value
(approximately 18.12 um and 11.50 um), not only an abrupt rise
but also a change of the gradient of the relationship between the
operating clearance and the fatigue life can be observed. These
discontinuities occur due to the fact that a decreasing operating
clearance leads to additional rollers within the load zone [10]. In
order to achieve a robust behavior of their cylindrical roller bearing
systems, a user should try to choose his geometric definition and
tolerancing in such way, that these discontinuities are avoided. Of
course, a higher fatigue life is preferable proposing smaller
operating clearances and therefore tighter fits of the adjacent
components. The variation simulation of the cylindrical roller
bearings could assist a user in the tolerance specification of the
shaft and housing by screening the possible design space.

Nevertheless, a closer look at the best as well as the worst
performing design points could give a greater insight into what
design is preferable and what value combinations should be
avoided. For this purpose, a dynamic analysis with multibody
simulations could be used, which also allows a better understanding
of the vibration behavior of a cylindrical roller bearing systems.
Therefore, the combinations with the highest and lowest fatigue life
as well as the middle value (median) are analyzed in greater detail
in the next subsection.

3.2. Dynamic analysis of the fatigue life and the vibrational
behavior

As aforementioned, those values of operating clearances are
utilized in the dynamic analysis, at which the highest and the lowest
as well as the median fatigue lives are obtained. Consequently, the
roundness deviation effects are considered by taking into account
the waviness values obtained from the FE model. These values of
the roundness deviations are shown in Figure 15. The effects of
these wavy raceway profiles on the fatigue life as well as on the
vibrations of the bearings are subsequently analyzed.
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Figure 15: Output values of the roundness deviations of the FE
model considered in the MBS Model

As mentioned earlier that the simulation models are verified many
times through several research projects. But, the effects of the
waviness of the raceway profiles on bearing dynamics are not
experimentally or by other means verified so far. The results
obtained here are planned to verify in the follow-up project, in
order to check their validity.

Figure 16 shows the exemplary results of the load distribution on a
single roller element in the steady-state condition (equilibrium), for
the cases of ideal raceway (red) and the wavy raceway (blue)
profile over the simulation time. It can be seen that the waviness
leads to a significant maximum load increase. This load increase
can be recognized by the load peaks in the diagram (blue).

@)

Figure 16: Load distribution on a single roller element for an

ideal (red) as well as for a wavy (blue) raceway form in the

stationary condition of the inner ring
Furthermore, it has been noticed that the waviness of the raceways
affects not only the load distribution but consequently the
translational displacement of the inner ring. Figure 17 shows the
displacement of the inner ring (IR) relative to the outer ring (OR)
under the influence of an ideal (solid) and wavy raceway (dotted)
profile in the direction of the applied load as well as transverse to
the direction of the load. It is noticeable that the waviness causes
inner ring to vibrate and initiates excitations within the bearing.
The transverse displacement is more pronounced for the given load
case (green dotted). The displacement in the load direction shows
almost no influence.

Figure 17: Inner ring translational displacement relative to the
outer ring for an ideal raceway and for a wavy raceway in the
direction and transverse to the direction of the load

(b)

Figure 18: Spectrogram of the inner ring vibrations (transverse to the direction of the load) for an ideal (a) and a wavy raceway profile

(b)Influence of the geometrical deviations on the fatigue life
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In the next step of the analysis, the frequencies and amplitudes of
vibration of the inner ring are extracted by the application of Fast-
Fourier transformation to the inner ring displacement signal.
Spectrogram of the inner ring vibrations is shown in Figure 18. On
the one hand, an ideal raceway profile (Figure 18 (a)) shows an
amplitude of the vibration less than 0.2 um at a frequency of 72 Hz,
which represents the roller passing frequency and is negligible. On
the other hand, in case of a wavy raceway profile (see Figure 18
(b)) inner ring vibrates at an amplitude of 0.48 um with the same
frequency and at 50 Hz attains the maximum amplitude. In this
case, the amplitude of vibrations increases by a factor of around 3
for the same vibration frequencies. Thus, the waviness
demonstrates a negative influence on the rolling bearing dynamics.
The FFT analysis will be carried out separately for other waviness
values and are compared subsequently in section 3.2.1.

In this section, effects of the geometrical deviations on the fatigue
life of the bearing is evaluated and compared for threshold values.
For the the purpose of analysis, histograms are used. Evaluation is
carried out for the reference rating life L,,, under the specified
operating conditions.

Figure 19: Effect of the Operating Clearance and the Roundness
Deviation of the raceway on the bearing fatigue life

Figure 19 shows the influence of different combinations of operat-
ing clearances and the roundness deviations of the investigated cy-
lindrical roller bearing of type NU206 on the reference rating life.
The rating life is expressed as a percentage of the value of the rating
life of the source model (bearing without geometrical deviations -
ideal raceway profile — “Low” operating clearance). On the one
hand, figure shows the effects of bearing clearance on the fatigue
life. It is clear from the figure that the bearing clearance “High”
reduces the fatigue life of the bearing by approximately 25 % and
“Median” by 16 %. With the operating clearance “Low” bearing
achieves the maximum fatigue life. The difference between the fa-
tigue lives of “Low” and “Median” itself is quite high. Thus, an
influence of the change in the operating clearance on the life of the
bearing is quite recognizable. This can be explained by the major
discrepancies in the resulting load distribution in the contact, arise
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due to the different values of operating clearances. “High” clear-
ance value causes the small load zone in the bearing and the number
of rollers in the load zone also recedes. This means that overall load
on the bearing being shared by a few number of rollers and those
will be loaded to a great extent.

On the other hand, influence of the roundness deviation for
different operating clearance combinations can also be clearly seen.
Rating lives with “Low” and “High” values of the roundness
deviations (for values of roundness deviations please ref. Figure
15) are compared with the rating lives without roundness deviation.
It can be seen clearly that with the “Low” waviness value and the
“Low” operating clearance, the rating life of the bearing is reduced
by approximately 10 %. On the contrary “High” waviness with the
same operating clearance tends to reduce the fatigue life even
further by 27 %. This can be explained by the deviations that result
in higher roller peak loads and eventually affect the load
distribution in the contact (see Figure 16).

Furthermore, it can be seen that the lowest rating life has reached
by superimposing the “High” waviness and “High” operating
clearance. This superimposition reduces the life of bearing to
approximately 50 %. This would be the worst-case scenario.

The waviness affects significantly the bearing overall behavior. As
per the above discussion, it can be concluded that the roundness
deviation has recognizable deviance on the fatigue life together
with the operating clearances. It can further be noted that the
“High” waviness arise due to the “High” values of roundness
tolerances and “Low” waviness arise due to the “Low” tolerance
values that are taken from the manufacturer catalog. So, it can also
be concluded that by using “Low” tolerance values we can achieve
almost 17 % increase in the fatigue life over “High” values of
roundness tolerances.

3.2.1. Influence of the geometrical deviations on the vibrations

As aforementioned, waviness affects the inner ring displacement as
well. From Figure 20, the amplitude of vibrations at respective
dominant order of vibrations of the inner ring for the “NO”- as well
as “High” and “Low” waviness values of the raceway can be found.

Figure 20: Comparison of the influence of the waviness on the
amplitude of vibrations in the direction of the load as well as in the
transverse direction

In the case of “NO” waviness, negligible amplitudes in the
transverse (=~ 0.2 um) as well as in the direction of the load (=
0.062 um) are observed. The frequencies at such small amplitudes
are the roller passing frequencies and have no effect on the
excitations of the inner ring. However, “Low” and “High”
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waviness produces comparatively higher vibration amplitudes in
the transverse direction than in the direction of the load. This can
be explained by the fact that the inertia forces act against the
applied external load in the direction of the load, while in the
direction transverse to the load this action has no significant effect.
It can be seen that for the “High” corrugation value the vibration
amplitudes are around double the value for the “Low” corrugation
for the same frequencies (50 Hz). From these results, it follows that
the corrugation causes the excitations of the inner ring, which
eventually leads to a worse acoustic behavior.

3.2.2. Insights into the results

The observations show that both the operating clearances and the
waviness of the raceways, strongly influence the fatigue life of the
investigated cylindrical roller bearing. Increase in the value of the
operating clearance reduces the life of the bearing drastically.
Furthermore, could be observed, that the waviness of the raceway
profiles also has a critical influence on the vibrations of the bearing,
which eventually affect the overall bearing dynamic. For “High”
waviness, low fatigue life of the bearing has been observed.

Nevertheless more closely, it could be concluded that optimum
dynamic behavior (optimum fatigue life) can be achieved by a
minimum bearing clearance (= 7,95 um) and waviness value of
“Low”. Hereby, it would be recommended to use the normal
tolerance grade of the bearing as PN and roundness tolerances IT6
/ 2 for the housing, IT5/ 2 for the shaft. It is further recommended
not to expand further the roundness tolerances of the adjacent
components. The user should not only pay attention to the
dimensional and roundness tolerances but additionally to the
operating parameters, where the dynamic simulation of the
bearings could assist the user.

4, Summary and recommendations for actions

This contribution aims to evaluate and study the effects of
geometric deviations on a cylindrical roller bearing’s functional
key characteristic. In order to investigate their effects, two different
simulation approaches were introduced. On the one hand, a
variation simulation of cylindrical roller bearings was carried out
to investigate the effects of geometrical deviations on the operating
clearance and the fatigue life. For this purpose, a statistical
tolerance simulation model for the evaluation of the operating
clearances was employed. In this simulation model thermal as well
as fit-induced deformations of the bearing rings were taken into
account. Furthermore, sorting of the rolling elements was
considered. Once the operating clearance was determined by
utilizing contact detection algorithms, these results were used for
the calculation of the reference life according to (cf. 1ISO 16281
[9]). In order to statistically secure the results for the operating
clearance and the fatigue life, several thousand virtual rolling
bearings were evaluated. On the other hand, dynamic simulations
were used for a detailed evaluation of specific design points. In this
approach, the effect of threshold values of the geometrical
deviations of the bearing components on the bearing dynamic was
investigated. Threshold values of the operating clearances,
obtained by the variation simulation approach, are used here. The
values of roundness deviations and the resultant deformation of the
raceways were evaluated using FE simulations. The effects of these
deformations on the functional key characteristics, like bearing
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fatigue life and the vibrational behavior, are then analyzed in detail
with a multi-body-simulation tool. For both the approaches, a
cylindrical roller bearing of type NU206 was used for the
investigation.

Both approaches show that the fatigue life is influenced by the
bearing operating clearance. This once again reverts to the research
that has been carried out since decades. Thus, a user should aim at
the smallest possible operating clearance, in order to achieve the
maximum possible fatigue life. This can be achieved by means of
tight fit on both the bearing rings, whereby restrictions with respect
to the mountability must be observed. On the one hand, the
statistical analysis has shown that the roundness deviations have
little to no influence on the operating clearances and thus on the
reference rating life of the investigated cylindrical roller bearings.
On the other hand, dynamic simulation analysis has shown that the
roundness deviations and operating clearances have significant
effect on the vibrational behavior and thus on the fatigue life of the
cylindrical roller bearing. This reverts back to the fact that the
roundness deviation has a direct influence on the load distribution
at the contact. Statistical analysis provides the additional
information which can be attributed to the fact that the variation
simulation model is based on the quasi-static model and a wide
range of parameterfield can be simulated with the advantage of
computation time. Whereas, even though the multi-body
simulation does not permit these possibilities, but a much more
detailed consideration of behavior is possible. However, it should
also be noted that in the case of a multi-body simulation, limiting
values are considered, which are statistically very rare. On the basis
of the investigation, a further expansion of the roundness tolerances
of the adjacent components cannot be supported at the present time.

In this way, the described approaches also help a user to optimize
the geometric definition and tolerancing of his products. An
optimized tolerancing of the bearing seats could decrease scrape
rate and manufacturing requirements as well as increase fatigue life
of a cylindrical roller bearing by obtaining a small operating
clearance and minimum roundness deviation. Thus, the application
of both methods could decrease manufacturing as well as
maintenance costs. For this purpose, firstly a user should perform
a screening using statistical tolerance analysis. Afterward,
particularly favorable combinations can be viewed in detail by
means of multi-body simulations.

Further investigations and validations are necessary to elucidate the
outcomes and to provide a better understanding of the relationship
between fluctuations in the roundness deviation, vibrations and
fatigue life.

Nevertheless, additional input factors like transient operating
conditions or arbitrary roundness deviations should be considered.
Moreover, both methods are restricted to radial tolerances and pure
radial loads. These should be extended to axial tolerances and
combined load. At the same time, the results are to be verified
experimentally and this will be planned accordingly in the follow-
up project.
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Bearing Fatigue Life of a Multi-Material Shaft with an Integrated Raceway
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Abstract— The development progress in engineering regarding weight reduction, increase in performance and functional integration implies
an optimisation of rolling bearings. Conventional components, which are manufactured from monolithic materials, often lead to a conflict
of objectives when it comes to high-stressed parts, which also have to be light, cost-effective and resource-efficient. To achieve this, a multi-
material shaft with an integrated raceway is presented in this paper. Through a deposition welding process, a mild steel is hard-cladded with
a higher strength steel, which covers the fatigue life-determining material volume under cyclic rolling contact fatigue. A subsequent forming
process offers material and process-related advantages.

To design the properties of the wear protection layer, a calculation model was developed. A three dimensional finite element model
represents the tribological contact between the rolling element and the shaft. The numerical solution of this model delivers the stress state
resulting from the boundary conditions and an external load. The contact pressure, which is superimposed by the residual stress state,
induces a subsurface maximum of orthogonal shear stress. Peak value and location of this stress field can be used to calculate the bearing
fatigue life of the multi-material shaft based on an approach of loANNIDES and HARRIS. This approach puts a material dependent stress
fatigue limit zy into relation with a fatigue stress criterion zi. In this paper, the Dang-Van damage criterion is used. The simulations are
verified by bearing endurance tests, which were carried out on a three-bearing test bench. These first results will be presented and compared
with shafts manufactured from monolithic material.

Keywords — bearing fatigue life, multi-material roller bearing, tailored forming, residual stress

1. Introduction

Energy efficiency and lightweight design continues to be driving
forces in mechanical engineering. A further enhancement of
components functionality and lifespan relies on the material and its
purity, which however offers a trade-off between the mechanical
properties and its ecological and economical characteristics.
Conventional components, which are manufactured from
monolithic materials, often lead to a conflict of goals when it comes
to high-stressed parts under multiaxial load, which also have to be
light, cost-effective and resource-efficient. The development of
new process chains makes it possible to manufacture components 2. Collaborative Research Centre (CRC) 1153
with tailor-made properties. Thus, a significant increase in “Tailored Forming”

Within this paper, roller bearings were used as components with
partly conflicting requirements: On the one hand, roller bearings
have to offer a high durability under complex stresses with low
frictional losses under difficult lubrication conditions. For these
part zones, a high strength material with a high fatigue limit and
enhanced boundary layer properties has to be utilized. On the other
hand, roller bearings must enable a precise and accurate mounting
of rotating parts. For this connecting structure, an easily available,
cheap or low specific weight base material is sufficient.

production quality and efficiency can be obtained by combining In order to help resolve the described trade-off, a multi-material
different materials in one component. With the use of semi-finished shaft with an integrated raceway for a cylindrical roller bearing
work pieces, it is possible to design mechanical components with a type RNU204 is presented in this paper (see Figure 1-2, right). This
multi-material approach (see Figure 1-1). component is used as an example of load-adjusted machine

elements with tailored properties as an analogous model on a
laboratory scale. The multi-material shaft was designed and
manufactured within the Collaborative Research Centre (CRC)
1153 “Tailored Forming” at Leibniz University Hannover by a new
process chain to produce load-adjusted hybrid solid components by
using joined semi-finished workpieces (see Figure 1-2). Through a
powder metallurgical deposition welding process (PTA: plasma
transferred arc welding), tempered steel (material number 1.0402)
was hard-faced with a higher strength steel (1.7035). The cladding
steel is considered to be poorly weldable [1].

Figure 1-1: Examples of multi-material components: femo-
ral implant (left) and slewing bearing (right).
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Figure 1-2: Process chain of tailored forming technology.

The hard facing has to include the fatigue life-determining part
zone, which is defined by the load-induced stress under cyclic
rolling contact fatigue through the rolling elements. The shaft
combines certain demands like resistance against elongation and
mechanical wear with a cheap and well processable base material.

A subsequent forming process through cross wedge rolling takes
place, which is a warm forming process for reshaping rotationally
symmetrical workpieces with variable diameter in axial direction
using two oppositely moving wedge-shaped tools. By forming the
semi-finished workpiece, the following material and process-
related advantages can be obtained:

1. The joining zone of the different metals can have a simple
joining zone geometry, which leads to a reliable process
control for the joining process.

2. The subsequent forming leads to an improvement of the
joining quality, because the welding microstructure can be
transferred to a forming microstructure with a grain
refinement through the process based thermomechanical
treatment.

3. A near net shape forming facilitates hard machining.
Finally, a finishing process through local inductive hardening with
spray cooling and hard machining of the relevant functional
surfaces was carried out.

3. Methodology

The aim of these investigations was to prove the feasibility of this
new production method for load-adapted components under rolling
contact fatigue, where a high strength steel is joined coaxially on a
base material. By combining modelling, numerical and
experimental investigations, it will be possible to optimize machine
elements like rolling element bearings of different types for their
respective application.

To calculate the bearing fatigue life of a multi-material machine
element, numerical investigations were carried out. Through a
finite element analysis (FEA) it is possible to calculate the stress
state of the component, resulting from external loads and residual
stresses. This finds input in a damage accumulation model by
loANNIDES and HARRIS [4], which allows a prediction for bearing
fatigue life through rolling contact fatigue. The calculation is
validated by bearing fatigue tests.
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3.1. Numerical modelling of hybrid components

Figure 1-3 shows a microsection of a tailored forming specimen
with circular welding of the cladding material (cf. Figure 1-2). The
cladding on the specimen using deposition welding showed an
unequal distribution along the main axis. Within the weld pool,
both materials were mixed and the joining zone is showing a
waviness. In the middle section of the specimen, forming through
cross wedge rolling has been carried out. The subsequent forming
operation improves the quality of the coating by transforming the
microstructure based on welding to a forming microstructure with
grain refinement due to the thermomechanical treatment. The
forming process also improves the flatness of the cladding and
straightens the waviness of mixed materials. Investigations on the
microstructure can be found in [2] and [3].

Figure 1-3: Multi-material workpiece after cross wedge rolling
[2].

With this knowledge of the joining zone geometry, an FE-model of
the contact zone has been set up in Ansys Mechanical APDL (cf.
Figure 1-4, middle). By using the symmetry of geometry, a 18°-
segment of the multi material shaft is modeled. It represents the
cladding with a variable height h, an interlayer with a constant
height of 0.2 mm and the base material. The highest loaded rolling
element of the RNU204 cylindrical roller bearing is also modelled
as the contact partner for the FEA. In the contacting area, the model
is fine meshed to ensure the convergence of the contact problem.
The FE model is fully parameterised for parameter studies and
sensitivity analysis. The results of the FEA include shear stresses
and hydrostatic stresses of the components.
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Figure 1-4: Flow chart of fatigue life calculation; h: cladding layer height.

3.2. Fatigue life model

In order to determine the bearing fatigue life of the multi-material
shaft shown in Figure 1-2 (right), the aforementioned component
stresses resulting from the FEA are integrated into a fatigue life
calculation. Figure 1-4 shows the flow chart of the numerical
approach with focus on the inner raceway in order to compute the
fatigue life under cyclic contact load of a multi-material
component.

The three dimensional finite element model represents the
tribological contact between the rolling element and the multi-
material shaft. The numerical solution of this model has the three-
dimensional stress state resulting from the boundary conditions and
an external load as output. The external load is applied as pressure
distribution on the outer raceway —rolling element contact.
Additional input variables are the geometry of the contact zone and
a residual stress depth profile, which results from the
manufacturing process. The residual stress depth profile is imposed
as initial stress to the simulation. Local material properties are
regarded for the cladding and base material. The interlayer
properties are interpolated linearly. Rough surfaces are disregarded
for this simulation. The roughness of the shaft is defined to comply
with the requirement that no surface induced damages occurs.

The Hertzian contact pressure, which is superimposed by the
residual stress state, induces a subsurface maximum of orthogonal
shear stress. Peak value and location of this stress field can be used
to calculate the bearing fatigue life of the multi-material shaft based
on the approach of IOANNIDES, BERGLING and GABELLI [5]:

1 (i — T)°
n@n [0 sy
\4

Probability of survival
Number of load cycles
Damage risk volume [mm?]

< Z v

Exponent in the bearing life equation
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c: Exponent for stress criterion

T Fatigue stress criterion (Pa)

Ty Shear stress fatigue limit (Pa)

7" Stress weighted depth (depth from the surface) (m)

f: Factor in the bearing life equation

This approach, which is based on a WEIBULL-statistics [6] evolved
on the model of LUNDBERG and PALMGREN [7], provides the
probability of surviving S for a volume in damage risk V' in
dependence of the number of load cycles N. This is based on the
assumption that fatigue occurs due to subsurface crack formation
from cyclic shear stress of the rolling element. Ongoing cyclic load
then leads to crack growth, which extends to the surface and causes
pittings. The parameter z’ represents a stress-weighted depth from
the surface.

For the volume in damage risk, the damage relevant stresses (t, —
T;) are calculated (Figure 1-5). In our case a maximum value of
620 MPa is calculated. This puts a local stress related fatigue
criterion t; and a material dependent stress fatigue limit t,,, below
which the volume element will not fail by fatigue, into relation.

Figure 1-5: Damage relevant stresses 7,, — t;.
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For the high-strength material, a stress fatigue limit of 7, (41Cr4)
= 300 MPa was assumed. For the base material 7, (C22.8) = 210
MPa.

As fatigue stress criterion, the DANG VAN fatigue criterion [8] was
used:

T = (Tomar — Knya 'p’hyd)i (Eq. 1-2)
Tomax: Maximum shear stress (Pa)
knyq:  Weighting factor for hydrostatic stresses
P'nya:  Hydrostatic stress including compressive stresses (Pa)

Figure 1-6: Model for the DANG VAN stress criterion, based
on [8].

Figure 1-7: Three-bearing radial fatigue test bench.
It sets the orthogonal shear stress 1, in relation to the hydrostatic
stress p’p,q. DANG VAN stated a linear relationship between these Table 1-1: Fatigue test parameters.
quantities which can be seen in Figure 1-6. Two straight lines
delimit the safety domain (no fatigue crack initiation). In this Rotational speed ng 3,000 min®
figure, the ordinate is the shear stress t acting on an oriented
direction and the abscissa is the hydrostatic stress p,,,q. Two more
loading paths are shown: Path ri is non-damaging because it
entirely lies within the straight lines that delimit the safe domain,

Radial load Fraq 2,000 N

Specific load equivalent c/pP 7

whereas a small portion of path r2 induces damage. The hydrostatic Hertzian contact stress Pmaxir 1.8 GPa

stresses required to calculate the DANG VAN stresses are calculated

locally using the FE method. Viscosity at 40 °C Vao 68 mm2/s
Oil temperature Tset 70°C

3.3. Experimental studies

The simulations were validated by bearing endurance tests, which Viscosity ratio K 177

were carried out on a three-bearing radial fatigue test bench (see
Figure 1-7). Here, the specimen is mounted with two conventional
supporting bearings. The integrated raceway on the shaft acts as an
inner ring for a cylindrical roller bearing (CRB) RNU204. On the
tested CRB, a radial preload of 2 kN is applied through a spring
assembly, which leads to rolling contact fatigue and rotating
bending on the shaft. This equals a specific load ratio of C/P =7
for the tested bearing. However, one has to keep in mind that this
specific load rated by the manufacturer only applies to the outer
ring — roller contact, because the shaft is made out of a different
material. The Hertzian contact stress at the inner ring is 1.8 GPa.
Additional test parameters are shown in Table 1-1. Within the path
of load, vibrational measurements are carried out, by which bearing
failure through the formation of pittings can be measured and
which were used shut down the test bench.
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4. Results and discussion

4.1. Bearing fatigue tests with monolithic specimen

In the absence of a large number of multi-material samples, first
tests were carried out on specimen made from monolithic 41Cr4.
These tests were used to validate the concept of tailored forming
by comparison with conventional parts. Figure 1-8 shows the
Weibull probability plot of conventional shafts, made from
monolithic 41Cr4. For the aforementioned load parameters, a
nominal bearing life of 150 hours with a 50% probability of failure
could be determined (Lso =150 h). The shape parameter of the
WEIBULL distribution is fmax = 2.1.

Figure 1-8: Weibull probability plot of monolithic material shafts.

These specimens failed, as expected, due to rolling contact fatigue
which leads to pittings on the surface (see Figure 1-9). The damage
occurred on the lower strength and higher loaded inner raceway on
the shaft. The maximal depth of the pitting was 170 um which is
the depth of maximal orthogonal shear stress under load. Failures
on the rollers or the outher ring of the CRB (both made from
100Cr6) did not occur.

Figure 1-9: Micrograph of pitting due to rolling contact fa-
tigue on monolithic shaft made from 41Cr4.

4.2. Preliminary studies with multi-material shafts

Three multi-material shafts were investigated in preliminary
studies on tailored formed components. One of these samples did
not undergo the forming process, resulting in an early failure after
16 hours (see Figure 1-10). The origin of this failure due to pitting
was a material imperfection in the cladding layer, which lead to
crack growth under the shear stress from the cyclic rolling load. A
second multi-material specimen failed after 21 hours due to a
similar pitting.
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Figure 1-10: Laserscanning image of early failure due to material
imperfection in the cladding layer

A third specimen passed more than 450 hours of fatigue testing
without failure. This is 3 times the Lso rating life of the monolithic
shafts, which is why no failure is expected for the third specimen.
With improved cladding quality (no early failures due to material
imperfection), the fatigue of the multi-material specimens is
expected to be equal or higher than conventional parts due to the
forming process.

4.3. Calculational results

To clarify the following results, the radial load on the investigated
CRB was increased to 5.9 kN. The Hertzian contact stress on the
inner raceway is 2.5 GPa. The fatigue life calculation will later also
be carried out with the previous values according Table 1-1.

4.3.1. Influence of cladding thickness

As explained in section 3.2, the subsurface stress state of the
component (particularly the orthogonal shear stresses) is necessary
for the fatigue life calculation. Figure 1-11 depicts the calculated
three-dimensional orthogonal shear stress state for two different
cladding thicknesses in the plane of symmetry in longitudinal
direction. In this case, the cladding height h of the higher strength
41Cr4 material is 1.5mm (top) and 0.5 mm (bottom). The
subsurface maximum of orthogonal shear stress for both
thicknesses is Ty, max = 610 MPa. Furthermore, the cheaper base
material is affected by higher stresses. The cladding height h has
an influence on local equivalent stress and the loading of base
material depends on cladding height, because the thinner layer
concentrates the stress maximum in a smaller volume. Therefore, a
minimal cladding height is necessary to protect the lower strength
interface and base material from excessive loads and rolling contact
fatigue. A thin and therefore cheap cladding layer would be
insufficient dimensioned. Evident from equation (1-1) is the
demand for a high-strength material with a high stress fatigue limit
Ty.
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Figure 1-11: FE-simulation of a shaft segment under contact load:
Orthogonal shear stress for different cladding heights.

4.3.2. Influence of residual stress

Previous studies showed a positive influence of load-induced
stresses on bearing fatigue life, which has to be regarded [9], [10],
[11]. Therefore, the influence of residual stress was investigated by
imposing a residual stress state as initial stress to the simulation.

In Figure 1-12 and Figure 1-13, the VON-MIsES stress of the multi-
material shaft regarding the residual stress state is depicted for a
cladding height h = 1 mm. Without pre-induced residual stresses,
only the load stresses from the rolling element are visible. The von
Mises equivalent stress shows a maximum of 1420 MPa at a depth
of 100 um below the surface. After hard turning (Figure 1-12
bottom), however, residual stresses with a maximum value of
- 700 MPa at a depth from the components surface of 20 um were
induced. An additional planned deep-rolling process (Figure 1-13)
allows inducing residual stresses with a higher maximum value of
-840 MPa at a higher depth from the surface of 200 um. This
reduces the von Mises equivalent stress to 1328 MPa and moves
the maximum of the stress closer to the surface. It is now at a depth
of about 68 um below the surface.
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Figure 1-12: Von-Mises stress of the multi-material shaft including
the residual stress state; cladding height h = 1 mm.
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Figure 1-13: Von-Mises stress after additional deep roll-
ing; cladding height h = 1 mm.

4.3.3. Bearing fatigue life

The bearing fatigue life of the multi-material shaft can be
calculated according to Figure 1-4. By using the same material
properties for all three zones of the modelled shaft segment, the
bearing fatigue life of the monolithic component can also be
calculated. Figure 1-14 displays the calculated bearing fatigue life
regarding different radial loadings and cladding heights. The
fatigue life simulation was carried out for a radial loading force on
the tested CRB of 2 kN with a resulting Hertzian contact pressure
of 1.8 GPa and for a force 5.8 kN (2.5 GPa). Furthermore, Figure
1-14 shows the calculated fatigue life and experimental data from
monolithic specimen. The calculated bearing life Lg,, where 50%
of the specimen are expected to have failed, is 23.5-10° revolutions.
This is within an error margin of 16% of the bearing fatigue life
from the experimental studies. The basic trends of the calculated
probability of survival are represented by the experimental values
Lip and Lgs.

A too thin cladding layer reduces fatigue life of multi-material
machine elements by a factor of 3. With a cladding height of
h > 0.3 mm the difference in fatigue life compared to monolithic
parts is within a 15% margin. For the investigated load parameters
a layer thickness of h>0.5mm shows a similar calculated
probability of survival as monolithic shafts.

Due to manufacturing, the bearings are equipped with residual
stresses in the depth of the highest load induced stresses, which is
also included. In the zone of the highest load induced stresses
beneath the surface, the critical fatigue stress is highest. By
inducing residual stresses in this depth, the critical stress is reduced
and the bearing fatigue life can be influenced positively by a factor
of 1.4,

Figure 1-14: Bearing fatigue life of a multi-material shaft with an integrated raceway
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4.4, Discussion

Based on the presented approach, the influence of boundary layer
properties on bearing fatigue life of multi-material components
could be worked out. A correlation between simulation and
experiment for monolithic components could be shown.

The design of the material zone with higher fatigue strength
enables an increase in fatigue life for multi-material machine
elements. This can be transferred to components with larger
geometric dimensions like slewing bearings, which allows
manufacturing cost-efficient and resource saving parts with
locally adapted material characteristics. Especially such big
components, which are usually not made of classical bearing
steel (like 100Cr6) due to costs, are suitable for the tailored
forming approach.

During the bench tests however, it became clear that the
experimental fatigue life of components made from multiple
types of metallic material strongly dependents on the quality of
production. Several early failures occurred due to pores and
cavities, which required an optimization of the welding process
in the future.

5. Conclusion and Outlook

In this paper, a new process chain for manufacturing multi-
material machine elements by tailored forming has been
presented. Using the example of a shaft, a calculation approach
for estimating the fatigue life of a tailored forming component
under the influence of cyclic rolling loads was presented. This
was done by combining a statistical model with numeric
simulations and experiments.

The presented findings help optimizing load-adjusted parts with
tailored properties. An adaptable approach makes it possible to
transfer the results to other tribologically stressed parts in any
system with interacting surfaces in relative motion. In the future
it should be possible to optimize components properties with
regards to their respective application. Doing so, different multi-
material machine elements like cylindrical roller thrust bearings
[10] will be investigated using the presented simulation model.
In order to transfer the findings to real world applications it is
necessary to set up design guidelines for the development and
manufacturing of these machine elements. The approach allows
to save resources by combining cheap steel with a pure high
reference hard facing made from bearing steel. By combining a
lightweight base material with a protective hard facing it will be
also possible to achieve a reduced power consumption during the
components period of application [13].
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Abstract— This paper presents an experimental study on tapered roller bearings with the main focus on the frictional torque and temperature
behavior. It also looks at the oil quantity necessary to ensure safe operating conditions. By using a modified test bench from MEGT, tapered
rolling bearings from three different suppliers are compared with one another. The critical operating conditions are identified by varying
the amount of lubricating oil. In addition to the oil quantity, the direction of the oil supply is also investigated in these tests as an influential
factor on the frictional torque and the temperature behavior. The results presented in this paper provide an overview of the required oil
supply for tapered roller bearings, factoring in speed and load. Furthermore, the results show that not only the load capacity should be taken
into account when selecting suitable rolling bearings, but also the number of rolling elements, which improves efficiency.

Keywords — efficiency, lubrication, frictional torque, tapered roller bearings, oil flow rate, starvation

1. Introduction

Due to rising fuel costs and environmental requirements, it is
becoming increasingly important to introduce measures to reduce
fuel consumption in all vehicles. In the foreground are often
individual components of the powertrain, including rolling
bearings in engines or transmissions. Tapered roller bearings
represent a critical rolling bearing type especially with regard to
efficiency or power losses. Also, at particularly higher speeds and
loads, tapered roller bearings (TRB) contribute significantly to
higher power losses and poorer efficiency.

Tapered roller bearings consist of a cup — roller — cone design.
Besides having a cage to separate the rollers, one important part in
every tapered roller bearing is the guiding rib of the inner ring that
contacts the rollers on the big roller end and guides the rollers in
circumferential direction.

cup

roller

cone

cone front face ri

guiding rib

Figure 1: Tapered roller bearing
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Losses in tapered roller bearings can be divided into load-
dependent and load-independent losses. Load-dependent losses are
caused by rolling friction between the rollers and inner and outer
ring raceways; sliding friction between the rollers and the cage as
well as between roller ends and the guiding rib. The latter is the
result of different taper angles on the inner and outer ring raceways.
Because of these differences, a radial load generates an axial force
which is supported by the rib. In order to predict the load-dependent
power losses and frictional torque of this roller bearing type, many
calculation methods have been developed. An analytical method
for axially loaded TRB is presented by Aihara in [1]. The analytical
equations presented by the author take into account the
elastohydrodynamic lubrication (EHL) rolling resistance as well as
the sliding friction in roller end and rib contact. The amount of
losses due to sliding friction between the rolling elements and the
cage is assumed to be negligibly low and is therefore not factored
in. Zhou and Hoepprich present in [2] a more detailed calculation
model for TRB that also neglects the cage friction. The special
feature of this model is that the thermal effects and surface
roughness were taken into account in the calculation of the oil film
thickness and the description of mixed friction in on-board contact.
Other authors also used this approach of accounting for mixed
friction conditions in their friction calculation models for tapered
roller bearings [3]. Different methods are available to calculate the
significant friction part of the rib-roller end contact. Houpert [4]
uses a calculated local friction coefficient that depends on the oil
film parameter Lambda. A similar approach with an experimentally
determined friction coefficient is used by the authors in [5]. The
influence of the resulting deformation in the roller end-rib contact
on the oil film and the friction is evident from the EHL analysis in
[6]. Besides the aforementioned possibilities of calculating
frictional torque in tapered roller bearings, further models and
approaches are available. Some of these models and approaches,
especially calculating load-dependent losses, are presented in [7].

Another significant factor in total frictional losses of rolling
bearings are the load-independent drag and churning losses [8].
These losses are the result of the oil being displaced by the rolling
elements as well as the shear stress on the surfaces of the rolling
bearing elements. This shear stress may significantly influence the
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rolling element kinematics and thus the frictional torque behavior
of the rolling bearings [9].

Different approaches and models are also available for calculating
load-independent losses. Since an analytical calculation of these
losses is not yet possible, most of the available calculation models
are empirical or based on the boundary layer theory according to
Schlichting [10]. One of these models for roller bearings, which
factors in the drag torque acting on the roller surfaces and the cage,
is presented by Rumbarger et. al in [11]. Another calculation
approach that distinguishes between the drag and churning torque
is presented by Gupta in [12]. An empirical model that calculates
the load-independent losses of roller bearings as a function of the
oil quantity is provided by Koryciak [13]. Models for estimating
drag and churning torque in tapered roller bearings and deep groove
ball bearings for symmetrical operating conditions with regard to
oil distribution are presented in [14] and [15]. These models were
derived from experimental studies and CFD simulations by
applying theories of fluid mechanics. Furthermore, rolling bearing
manufacturers provide their own methods for calculating load-
dependent, but also load-independent losses [16].

The calculation models and approaches presented above highlight
the influencing factors that are responsible for the total frictional
torque of tapered roller bearings. These factors include the applied
load, rotational speed, quantity and viscosity of the oil, number and
length of rolling elements, cage design as well as the profiling of
the rib and raceways. To reduce the power losses in rolling
bearings, one option is to geometrically optimize the bearing
components (profiling of the raceways, reducing the number of
rolling elements, cage design [17] etc.); a second is to optimize the
amount of oil supply [18].

As part of a joint project between the Institute for Machine
Elements, Gears and  Transmissions (MEGT) and
ZF Friedrichshafen AG, the operating behavior of tapered roller
bearings has been examined in order to learn more about the
frictional torque and the temperature behavior. In this context, two
main questions regarding the frictional torque behavior had to be
answered. The first test series was carried out in order to see which
of the bearings was the most efficient, i.e., which bearing shows the
lowest frictional loss under the given boundary conditions of higher
loads, higher speeds and a specific oil quantity. The goal of the
second test series was to determine what the minimum oil quantity
is for stable operating behavior of tapered roller bearings working
under higher loads and higher speeds.

This paper presents the results of these experimental studies. It also
explains the causes of friction in tapered roller bearings, describes
the test setup as well as the procedure for measuring the friction in
tapered roller bearings. Lastly, it presents and discusses the
measurement results regarding the operating behavior under
increased load, increased speed as well as reduced oil quantity.

Figure 2: Test rig for measuring frictional losses on rolling bearings
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2. Experimental approach

2.1. Testrig

Figure 3 shows the test rig used for the experimental studies on
tapered roller bearings under axial load. As seen in the figure, the
experiments were carried out with a back-to-back rolling bearing
arrangement consisting of the test bearing and a support bearing
(angular contact ball bearing 7208). An electric motor is used to
drive the bearings arrangement. The test shaft is connected to the
drive via a torque sensor. This means only the total frictional torque
of the bearing arrangement can be measured. An axial load device
is used to apply the test load. It is composed of a screw, a force
sensor and disc springs. The disc springs compensate for the
thermal expansion in the test shaft. To monitor the flow around and
through the test bearing, two vision panels are attached to the test
cylinder. To continuously monitor operating conditions, sensors to
measure rotational speed and temperatures are used. Table 3 shows
the main properties of the test rig.

Table 3: Properties of the test rig

Characteristics Unit Value
Speed rpm <10.000
Axial load kN <20
Bearing size mm <110
(outer ring)
Measuring range Nm <5

2.2. Test bearings

Three tapered roller bearings of the same size, but from different
bearing suppliers were selected as the test bearings. The main
differences between the test bearings are the material, cage design,
number of rollers and supplier-specific differences like crowning
and surface topography. However, all bearings have roughly the
same dynamic and static load capacities. The main data for the test
bearings are presented in Table 4.

Table 4: Dynamic and static load rating of the test bearings

Characteristics Tapered Roller Bearings
Supplier TRB1 TRB2 TRB3
Cr 82 kN 81 kN 82
Co 101 kN 98 kN | 100 kN
No. of rollers n n n-1
Free space 0.95-Ao 0.93-Ao Ao
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2.3. Lubrication

The test bearing and the support bearing each have an individual
oil supply. For changing oil quantities in the test bearing, the oil
quantity in the support bearing can be the same for each test. As
explained in 2.1, the frictional moment is the sum of the test bearing
and the support bearing. Only by keeping the oil quantity constant
for the support bearing in each test will the effects of varying oil
quantities in the test bearing be able to be assessed.

Figure 3: Lubrication in (left) and against (right) pumping
direction

The oil supply for a tapered roller bearing has a major impact on
the resulting frictional torque. In tapered roller bearings, a
“pumping action” phenomenon exists in which oil is being pumped
from the cone front face rib in the direction of the guiding rib. To
examine the impact of the oil supply direction and the pumping
direction on frictional losses, two oil supply circulation set-ups
were tested. Both of them are shown in Figure , one with the test
bearing being lubricated in the pumping direction and the other
against. A synthetic transmission oil with a kinematic viscosity of
54 mm?/s at 40 °C was used.

3. Comparison of frictional losses

In the first test series, three tapered roller bearings from different
suppliers were investigated with regard to the frictional losses and
temperature behavior. The main goal of the test series was to
determine which of the bearings showed the lowest frictional losses
under the given boundary conditions of higher loads, higher speeds
and specific oil quantity.

3.1. Test Procedure

For this test series, a specific axial load was applied to the test
bearings. The run-in period was set to 3000 rpm for 8 h at a
specified oil quantity of 0.5 I/min. After the run-in period was
finished, the actual frictional torque measurements were performed
under various operating conditions, including different speeds
ranging from 500 rpm up to 6000 rpm and 2 oil quantities of 0.3
I/min and 0.6 I/min. To compare the frictional losses of the three
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tapered roller bearings, the measurements were carried out by
supplying the oil in the pumping direction. In this test series, the
bearing temperature is the result of the applied operating condition,
namely speed, load, oil temperature and oil quantity.

3.2. Results
3.2.1. Run-in period

The difference in frictional torque and temperature behavior can be
seen directly during the run-in period. Figure 4 shows the frictional
torque of the three bearings during the run-in period. From the
figure, it can be concluded that TRB3 shows lower frictional losses
compared to TRB1 and TRB2. TRB1 and TRB2 also show a wider
band during the run-in period at 0.5 I/min compared to TRB3.

The wider band of TRB1 and TRB2 can be reduced to a similar
band as for TRB3 by increasing the amount of oil. The difference
in frictional torque behavior is caused by a blocking effect of the
tapered roller bearings and can be explained by the difference in
the number of rolling elements.

Figure 4: Comparison of the frictional behavior between the test
bearings during the run-in period - oil supplied in the pumping
direction

3.2.2. Blocking effect

TRB1 and TRB2 have a higher number of rolling elements. For this
reason, the oil that passes the bearing in the pumping direction is
blocked (blocking effect), thus disturbing the oil film built up at the
guiding rib. In Figure 5, the influence of the oil quantity on the
frictional torque behavior of TRB1 can be seen. The wider band
and higher frictional losses while operating at 0.5 I/min, can be
reduced by increasing the amount of oil to 0.6 I/min. At 0.5 I/min,
the oil passing through the bearing is blocked which means the
bearing is operating in mixed friction conditions. Because of this,
the frictional torque shows a wider band and higher frictional
losses. By increasing the amount to 0.6 I/min, more oil is passing
through the bearing more constantly, thus allowing the oil film to
build up. The oil film that builds up at the guiding rib is improved
and, due to the higher amount of oil at 0.6 I/min, TRB1 shows an
improved frictional torque behavior. Besides an improved
frictional torque behavior, the temperature of the outer ring also
decreases.
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Figure 5: Blocking effect — Influence of oil quantity on the
frictional torque behavior of TRB1 — lubrication in pumping
direction

In comparison, TRB3 does not show this kind of behavior at the
specified operating conditions. The reason for this is that TRB3 has
a lower number of rolling elements compared to TRB1 and TRB2.
This creates more space in between the rolling elements for the oil
to pass through, which improves the oil film build-up at the guiding
rib contact zone, provided that the oil is supplied in the pumping
direction.

3.2.3. Comparison

After finishing the run-in period, the actual frictional torque
measurements were carried out for different speeds and using 2
different oil quantities. The results of the measurements can be seen
in Figure 6.

Figure 6: Comparison of frictional losses — oil supplied in the
pumping direction

As already seen during the run-in period, TRB3 shows lower
frictional losses compared to TRB1 and TRB2. TRB3 shows lower
frictional losses at all speed levels and for both oil quantities. In
general, higher speed levels result in higher frictional losses
because of higher rolling friction. In addition, for higher oil
quantities, the frictional losses are lower because, with more oil,
the bearing can build up the oil film at the guiding rib better.
Finally, for TRB1 and TRB2, the higher oil quantity of 0.6 I/min
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eliminates the blocking effect that is present for an oil quantity of
0.3 I/min and at certain speeds.

3.2.4. Variation of frictional torque results

In order to assess the variation between samples from each
supplier, the tests were repeated using additional samples from
each bearing supplier. Figure 7 displays the frictional torque and
temperature curves during the run-in period for sample TRB1-1
and sample TRB1-2.

Figure 7: Frictional torque and temperature of TRB 1 during the
run-in period - oil supplied in the pumping direction

Figure 8: Frictional torque and temperature of TRB 3 during the
run-in period - oil supplied in the pumping direction

The curves for sample TRB3-1 and sample TRB3-2 are displayed
in Figure 8. Both cases show that the findings observed in 3.2.1 and
3.2.2 regarding the frictional torque behavior is the same for each
of the bearing suppliers. In TRB1-1 and TRB1-2, there is a wider
band in the frictional torque curves. In addition, the frictional
torque value is nearly identical. For TRB3-1 and TRB3-2, identical
frictional torque behavior can also be observed. Only a slightly
higher frictional torque value in TRB3-1 can be seen compared to
TRB3-2.

3.2.5. Influence of pumping direction

What is significant for frictional losses in tapered roller bearings is
the resulting friction between the rolling elements and the guiding
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rib, especially when operating at high oil temperatures and low oil
viscosities. The reason for increased heat development in axially
loaded tapered roller bearings is usually mixed friction conditions
at the rib contact. Further tests were carried out to determine
whether the frictional losses can be reduced by changing the
direction of the oil supply. For this purpose, in a first test run, the
injector was placed against the pumping direction (see Figure ) and
in a second test run directly above the inner ring rib of the bearing,
as shown in Figure 9.

Figure 9: Targeted lubrication of the guiding rib

The results of these tests are shown in Figure 10 and Figure 11. By
comparing the results of the oil supply in the pumping direction
(see Figure 7 and Figure 8) and against the pumping direction, no
significant change in frictional losses can be noted. In contrast, the
results for the targeted lubrication of the inner ring guiding rib
show a significant decrease in frictional losses for both test
bearings.

Decreases in frictional losses are due to a higher oil quantity in the
rib contact as well as lower hydraulic losses. When the oil is
supplied against the pumping direction, this means there is enough
cooler oil at the guiding rib, which improves the oil film build-up.
Particularly with TRB1, operation in mixed friction conditions is
avoided, unlike with the oil supply in the pumping direction. The
hydraulic losses are reduced because the oil does not flow through
the bearing. That is why the oil is not displaced and sheared by or
on the rolling bearing elements; this results in lower drag and
churning losses.

Figure 10: Frictional torque of TRB 1 depending on the position of
the oil supply
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Figure 11: Frictional torque of TRB 3 depending on the position of
the oil supply

When comparing the two tapered roller bearings regarding
the frictional torque and the direction of the oil supply, it
should be noted that in both cases the frictional behavior
improves significantly by a targeted lubrication of the inner
ring guiding rib (see Table 5). The TRB1 shows a drop in
frictional torque of approx. 30%. The tapered roller bearing
with fewer rolling elements (TRB 3) shows an improvement
of approx. 15%.

Table 5: Influence of the oil supply direction

TRB1 TRB3
Lub. of Lub. of
therib | "MPP | therip | 'MPP
Oil supply | Torque | Torque | Torque | Torque
I/min /Nm /Nm / Nm / Nm
0.5 0.86 1.26 0.74 0.87
~ 30% ~15%

4. Determining the minimum oil quantity

For the second test series the main focus was on finding the
minimum oil quantity the tapered roller bearings were still
able to operate in. Therefore, the oil quantity was
successively reduced over time during each test run.

During the previous test series, TRB1 and TRB2 showed
similar behavior for frictional torque and temperature
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behavior. Because of this, only TRB3 and TRB1 were
investigated with regards to the minimum oil quantity.

4.1. Test Procedure

The test procedure for this test series can be seen in Figure 12. A
specific axial force (identical to the previous test series), rotational
speed and oil quantity were defined before the start of each test run.
Each test run was started without a run-in period. Over time, the oil
quantity was reduced successively, as can be seen in Figure 12. The
test run was stopped when the test bearing showed instationary
behavior of the frictional torque. In contrast to test series 1, for this
test series, the oil supplied to the test bearing was heated up to 100
°C. By lubricating the test bearing with heated oil, a higher oil
temperature was selected to reduce the viscosity of the oil and
influence the lubrication conditions. At 100°C, the kinematic
viscosity of the oil was 9.3 mm?/s.

Figure 12: Test procedure for test series 2 — reduction of oil
quantity over time

4.2. Results
4.2.1. Minimum oil quantity

Exemplary test results of TRB1 and TRB3 for speeds of 3000 rpm
and 6000 rpm with the oil supply in pumping direction are shown
in Figure 13 to Figure 16. Each figure shows the frictional torque
curves. At the beginning of each test run, all bearings were supplied
with an adequate amount of oil. Therefore, the bearings show
regular operating behavior. Figure 13 shows the frictional torque
behavior of TRB1 at a constant speed of 3000 rpm. Up until 0.15
I/min, the operating behavior of the bearing is stable.
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Figure 13: Mimimum oil quantity of TRB1 at 3000 rpm
— Qil supply in the pumping direction

Figure 15: Mimimum oil quantity of TRB1 at 6000 rpm
— Oil supply in the pumping direction

Figure 17: Mimimum oil quantity of TRB1 at 4500 rpm
— Oil supply against the pumping direction

Reducing the amount of oil to 0.1 I/min will result in an
instationary reaction of the frictional torque. At this point, the
test run was stopped. In comparison, for TRB3, such behavior
was only present after completely turning off the oil supply to

Figure 14: Mimimum oil quantity of TRB3 at 3000 rpm
— Oil supply in the pumping direction

Figure 16: Mimimum oil quantity of TRB3 at 6000 rpm
— Qil supply in the pumping direction

Figure 18: Mimimum oil quantity of TRB3 at 4500 rpm
— Oil supply against the pumping direction

0.2 I/min. In comparison, the minimum oil quantity for TRB3 is

also increased to 0.05 I/min.
4.2.2. Influence of oil supply direction

Supplying oil against the pumping direction reduces the
minimum amount of oil necessary for both TRBs to operate in.
For TRB1, the minimum oil quantity is reduced from 0.05 I/min

the bearing. Increasing the speed to 6000 rpm will also increase
the amount of oil required for TRB1 to still be able to operate at
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in the pumping direction to 0.02 I/min at a speed of 4500 rpm as
shown in Figure 17.

In comparison, TRB3 can operate in stable conditions at all
speeds, even when the oil supply has been turned off (See Figure
18)

Figure 19: Minimum oil quantity of TRB3 at 4500 rpm — without
lubrication

By changing the oil supply to against the pumping direction, as
shown in Figure , a small oil reservoir can build up in front of the
outer ring. If the oil supply is turned off, there is still a small oil
reservoir at the bearing. As long as there is oil in the reservoir
and the bearing can supply itself with oil, the bearing was still
able to continue operating, as shown in Figure 19. After a certain
period of time, there will be no oil left in the oil reservoir. At that
point, the bearing is running dry and shows the usual instationary
behavior at which the test run is stopped.

4.2.3. Comparison of overall results

The overall results for minimum oil quantity at different
operating conditions for supplying oil in and against the pumping
direction are presented in Table 6.

Table 6 Minimum oil quantity of test series 2

. rpm In PD Against PD
TestBearing | nin | imin /min
3000 0.04 <0.02
TRB1 4500 0.05 0.02
6000 0.2 0.05
3000 0* 0*
TRB3 4500 0* 0*
6000 0.05 0*

0* does not represent actual zero, i.e. the bearing cannot
operate without oil. Instead, it means that as long as
there is some oil inside the bearing and the oil reservoir,
the bearing can still operate in a stable condition under
the given load conditions.

4.2.4. Increase of axial load

At the end of this test series, TRB3 was further examined to find
the axial load limit at which the bearing has the same behavior
as for the specified axial load for test series 1 and test series 2.

For the first test run, the axial load was increased by 28%. As can
be seen in Figure 20, the bearing was still able to operate at 6000
rpm and the frictional torque did not show any instationary
behavior. After reaching 6000 rpm, the oil quantity was
successively reduced. However, the bearing only showed
instatonary frictional torque behavior when the oil supply was
turned off.

For the second test, the axial load was further increased to 56%
based on the initial axial load from the previous test series. Still,
with an increased axial load of 56%, the tested tapered roller
bearing showed the same behavior as during the first test run with
an increase of 28%. Finally, with an increase in the axial load to
85%, the speed level of 6000 rpm could not be achieved with an
oil amount of 0.3 I/min. To achieve 6000 rpm, a higher amount
of oil would have been necessary.

At 0.3 I/min, the bearing was able to operate stably at 3000 rpm,
as shown in Figure 22, but at 3500 rpm, the limit for stable
operating conditions was reached. It was concluded that the
increase in axial load of 85% presents the increase limit for the
axial load for TRB3 under the given operating conditions, at
which the test series was completed.

5. Conclusions

The aim of the experimental studies was to examine tapered
roller bearings and the impact of the oil supply, load and
rotational speed on the frictional torque and temperature
behavior. This study should provide information on critical
operating conditions. For this purpose, standard tapered roller
bearings from different manufacturers were compared to one
another. The characteristic variable for evaluating the frictional
losses was the frictional torque in the test bearings. By using test
bearings from different manufacturers, the significance of the
inner geometry of the rolling bearings as well as the number of
rolling elements should be determined.

Based on the results, it can be concluded that the tapered roller
bearing with one less roller has significantly lower frictional
losses when using circulating oil lubrication, compared to the
other tested tapered roller bearings. The reason for this is that
there is more space between the rolling elements, thus ensuring
better lubrication. Furthermore, the direction of the oil supply is
also a significant factor. The results show that due to lower
hydraulic losses, the oil supply against the pumping direction
reduces frictional losses. Another important finding is that a
small amount of oil can be sufficient for tapered roller bearings
to operate safely and stably. Critical operating conditions only
occur when the oil is completely used up because of starvation.
The most critical factor is, as expected, the axial load. As the
results with a high increase in the axial load illustrate, even an
increase in the oil quantity does not prevent the bearing failure.
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Figure 20: Increase in axial load by ~ 28%

Figure 21: Increase in axial load by ~ 56%

Figure 22: Increase in axial load by ~ 85%
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Abstract — Rolling element bearings experience dynamic axial thrust and oscillating shaft movements of various frequencies and amplitudes
in a multitude of applications, especially in heavy-duty machinery. These operating conditions can cause significant friction losses which
entails higher operating temperatures and lower lubricant operating viscosities. Dynamic axial shaft movements increase shearing between
rollers and raceways excessively which impairs the mechanical stability of the lubricant. In consequence, this results in accelerated lubricant
degradation and may cause insufficient lubrication or even premature bearing failure. In order to choose a suitable lubricant for such a
bearing application that experiences axial shaft movements or to be able to adequately schedule lubricant maintenance intervals, the
occurring shear- or friction forces between rollers and raceways due to the axial oscillations are of particular interest. Therefore, in an
experimental study, an oil-lubricated cylindrical roller bearing NU210 has been subjected to dynamic axial shaft movements of various
frequencies and amplitudes. Two specifically designed bearing test rigs are introduced within the scope of this paper and the experimental
procedure is presented. The results obtained which include measurements of axial friction forces between rollers and raceways, steady-state
operating temperatures, bearing friction losses as well as cage slippage are discussed in detail and an axial friction coefficient is derived
from the results. Concluding, a short assessment is given, to what extend axial shaft movements might exhibit a critical impact on lubricant
performance, friction and wear.

Keywords — cylindrical roller bearings, oscillations, bearing friction, lubrication.

1. Introduction For some applications that are known to experience vibrations or
oscillations, literature suggests, to multiply the equivalent bearing
load by a caution factor to account for oscillations [3]. This
impedes with important goals in engineering design like
downsizing and energy efficiency.

Rolling element bearings experience dynamic oscillations in a
multitude of applications, such as industrial gearboxes, heavy-duty
cranes, paper- and weaving machines, crushers and milling plants.
Oscillations also occur in agricultural machinery like tractors or
harvesters and in high-speed trains [1]. Wind turbine gearboxes, for
example, experience axial shaft oscillations during operation [2].

To overcome this problem, it is essential to know the impact that
different forms and magnitudes of oscillations have on a rolling
element bearing. In [4], several forms of high frequency vibrations
were evaluated regarding possible damage on lightly loaded
cylindrical roller bearings. Axial shaft oscillations with various
frequencies and amplitudes have not yet been investigated although
they are expected to exhibit a severe impact on friction and
lubrication in cylindrical roller bearings.

Therefore, this paper presents an empirical study of the effects of
an axially oscillating shaft on an oil-lubricated cylindrical roller
bearing. It is investigated, how these oscillations influence bearing
friction and cage slippage and how this is contingent on oscillation
amplitude and frequency as well as radial load or rotational speed.

Furthermore, the impact of axial shaft oscillations on wear, power
losses, operating temperatures and lubricant behaviour is being
examined. Subsequently, the test rigs that are used for the
experimental part are presented, the experimental procedure is
explained and the obtained results are presented and discussed in
detail. Finally, a brief conclusion is given.

The term 'dynamic oscillations' comprises various types of
oscillations like dynamically changing bearing loads or rotational
speeds as well as axially oscillating shafts or housings, for instance.
Such oscillations range from high frequency, low amplitude
vibrations to low frequency but high amplitude oscillations.

This evokes two problems that need to be solved to arrive at an
optimal bearing design for such machinery. Firstly, it is often not
known beforehand whether a bearing experiences dynamic
oscillations and if so, in what form and with which frequencies and
amplitudes these oscillations appear. Secondly, it is not yet known
in what way these oscillations affect bearing performance, cause
higher friction losses, lead to accelerated bearing fatigue or even
lead to premature bearing failures due to increased wear and
lubricant degradation.

In consequence, engineers are dimensioning bearings too
cautiously which often leads to massive, energy inefficient bearing
designs.
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2. Bearing Test Rigs

Two specially designed test rigs are being utilized for the
experimental part of this paper. All tests with axial shaft
oscillations are performed on the Oscillation Test Rig. The Bearing
Friction Test Rig is used to conduct reference measurements of
friction losses without any oscillations. Both test rigs are described
subsequently.

2.1. Oscillation Test Rig

The oscillation test rig is specially designed to subject cylindrical
roller bearings NU210 with various forms of oscillations. The test
rig is capable of superimposing radial (load), tangential (torque)
and axial (shaft) oscillations up to 25 Hz, of which only the latter
will be investigated in the context of this paper. As can be seen in
Figure 0-1, the test rig is encased in a wooden housing and an
air/water heat exchanger ensures constant ambient temperatures.
Figure 0-2 shows the test bearing unit. It is driven by an electric
motor via a belt drive with rotational speeds up to 6 000 rpm. All
bearings are lubricated with FVA reference oil with a viscosity
grade of 68 (31 % FVA 2, 69 % FVA 3). For that, a minimum-
quantity oil-air-lubrication system is being utilized. The amount of
lubricant fed into the bearings is constant throughout every
experiment at 0.1 ml/h each which is ten times the minimally
required volume but still considered minimum quantity lubrication.
This ensures proper lubrication even with superimposed axial
sliding motions between the contact partners.

In the upper right corner of Figure 0-2, one can see a mechanical
eccentric which superimposes axial oscillations onto the test
bearing shaft. A similar eccentric is applied to generate load
oscillations, additionally to a static radial load of up to 20 kN. The
radial load is monitored with a force sensor. It is created with a step
motor that drives a lifting spindle which is connected to the
underside of the test bearing housing in a way that does allow for
small axial displacements of the test bearing housing to not impede
with the measurements which are later on described.

Figure 0-3 shows a schematic diagram of the oscillation
mechanism of the oscillation test rig. A cross-section of the
eccentric for the axial oscillations is shown in Figure 0-4.

Figure 0-1: Overall View of the Oscillation Test Rig with housing
and control system.
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Figure 0-2: Test bearing unit and eccentric of the Oscillation Test
Rig.

An electric motor rotates a shaft with an eccentric sleeve and
generates oscillations with frequencies up to 25 Hz. A step motor
shifts this eccentric sleeve to adjust the peak-to-peak oscillation
amplitude between 0 and 1 mm. As can be seen in Figure 0-3 the
eccentric is designed in a way so that the oscillations are purely
linear.

Figure 0-5 shows a cross-section of the test bearing unit. The test
bearing is mounted symmetrically between two identical support
bearings. The eccentric for the axial oscillations is connected to the
test bearing shaft via two preloaded spindle ball bearings that sit
inside a journal bearing.

The axial movements of the shaft are recorded with an eddy current
sensor that sits in the bottom left corner. It measures its distance
towards an aluminium disk which is mounted on the shaft and
oscillates with it. To minimize measurement error this disk face is
precisely grinded.

The oscillating shaft causes axial forces on the test bearing housing
which allow quantifying the additional sliding friction in axial
direction between the rollers and the inner ring raceway. Therefore,
four piezoelectric sensors are installed to hold the test bearing
housing in place.

Figure 0-3: Schematic diagram of the oscillation mechanism of the
Oscillation Test Rig.
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Figure 0-4: Cross section of the eccentric of the Oscillation Test
Rig.

Four air bearings with ball joints at their backs are employed to
connect each piezoelectric sensor to the test bearing housing. Each
sensor may be adjusted individually to ensure proper aligning of
the test bearing housing as well as sufficient preloading of the
Sensors.

In order to not create any tilting or skewing of the housing and to
only measure axial forces resulting from axial oscillations of the
shaft, it is essential that the preloading of the sensors and aligning
of the test bearing housing is carried out meticulously beforehand.
The preloading of the four piezoelectric sensors needs to be
adjusted until each sensor measures the same amount of axial force
during bearing operation. In this case, the occurring amount of
tilting and skewing is considered to be negligible. However, due to
the load distribution inside the test bearing itself, the axial
oscillations cause some skewing of the rollers in the cage pockets.
Since bearing friction directly corresponds with bearing operating
temperatures, PT 100 resistance thermometers are mounted on top
of the test bearing- and the support bearing housings, alongside the
oil-air-lubrication nozzles, to record the outer ring temperatures in
the load zone and the load-free zone, respectively.

An additional PT 100 sensor is integrated in the shaft, measuring
the inner ring temperature of the test bearing and wirelessly
transmitting the signal.

Figure 0-5: Cross section of the test bearing unit of the Oscillation
Test Rig.
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Eight little pieces of sheet metal that are glued into shallow grooves
in the side of the test bearing cage are counted as they pass an
inductive sensor. At the free end of the test bearing shaft sits
another sensor to record the rotational speed. From this
information, the cage slippage can be determined.

2.2. Bearing Friction Test Rig

The purpose of the Bearing Friction Test Rig, which is displayed
in Figure 0-6, is to examine the influence of speed and load spectra
on friction torque and operating temperature in radial ball and roller
bearings [5]. For this paper, it is being used for reference
measurements of bearing friction losses without any oscillations.

Figure 0-6: Overall View of the Bearing Friction Test Rig and
control system.

This test rig is capable of imposing either 30 kN radial load or
10 kN axial load onto the test bearing shaft. These loads are
generated via two pneumatic bellows cylinders and monitored by
force sensors. An electric motor accelerates the test bearing shaft
up to rotational speeds of 12 000 rpm.

If radially loaded bearings are being tested, the test bearing shaft
carries four bearings of identical size and type. For the experiments
presented in this paper, three test bearings NU210 and one locating
bearing NUP210 are mounted on the test bearing shaft.

As Figure 0-6 and 0-7 show, the radial load is applied to the
underside of the bearing housing that envelops the inner two
bearings.

Figure 0-7: Test bearing unit of the Bearing Friction Test Rig.
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The outer two bearings function as support bearings and each has
its own housing. The bearings are positioned symmetrically on the
shaft and therefore carry the same radial load.

Each bearing is lubricated with FVA reference oil of a viscosity
grade of 68 via a minimum-quantity oil-air-lubrication system,
identical to the one of the oscillation test rig. Figure 0-8 depicts a
cross-section of the test bearing unit.

The frictional moment of the test bearing shaft is being measured
with a torque sensor which is located at the right-hand side of the
test bearing shaft. To get the frictional moment of one bearing, this
value has to be divided by four. A PT 100 temperature sensor
measures the outer ring temperature in the load free zone of the left
bearing, another PT 100 sensor records the outer ring temperature
in the load zone of the second left bearing.

As can be seen in Figure 0-6, the test bearing unit is encased by
acrylic glass which is connected to a fume extractor. This keeps the
ambient temperature between 20°C and 25°C during the
experiments.

Figure 0-8: Cross section of the test bearing unit of the Bearing
Friction Test Rig.

3. Experimental Procedure

The objective for the experiments is to find out how axial shaft
oscillations impact friction and lubrication in cylindrical roller
bearings and how this is influenced by oscillation amplitude and
frequency as well as radial load or rotational speed. Therefore, four
series of nine experiments each are being conducted and each factor
is being varied one at a time.

Test series A varies the radial load from zero to 12 kN in 1.5 kN
steps. In test seriesB the rotational speed is increased
incrementally from 50 rpm to 3200 rpm. Variations of the
oscillation frequency from zero (no oscillations) to 24 Hz with a
step size of 3 Hz are performed in test series C. The oscillation
amplitude is increased in test series D from zero (no oscillations)
to 0.8 mm in 0.1 mm increments.

The factors that are not varied at the time are set constant at 7.5 kN
radial load, which equals 10 % of the basic dynamic load rating and
2 000 rpm rotational speed, which is 21% of the limiting speed. The
oscillations are applied with 24 Hz frequency and 0.8 mm peak-to-
peak amplitude. Table 0-1 summarizes the parameter
specifications for each experiment of the four test series.
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Table 0-1: Test parameters of the experiments.

Test Parqmeter Experiment Number
(Unit) 1 2 3 4 5 6 7 8 9
Fr (KN) 0 15 30 45 6.0 75 9.0 105 120
A n(om) 2000
fosc (HZ) 24
Qgsc (MM) 0.8
Fr (kN) 75
B n (rpm) 50 400 800 1200 1600 2000 2400 2800 3200
fosc (HZ) 24
Agsc (MM) 0.8
Fr (kN) 7.5
c N (rpm) 2000
fosc (HZ) 0 30 6.0 9.0 12.0 15.0 18.0 21.0 24.0
Agsc (MM) 0.8
Fr (KN) 7.5
p N (rpm) 2000
fosc (HZ) 24

Qe(mm) 0 01 02 03 04 05 06 0.7 0.8

Hence, the central point of the experiment design is being run four
times (A-6, B-6, C-9, D-9) and is being used to ascertain the
statistical spreading of the measurements. The two experiments
without oscillations (C-1 and D-1) serve as a reference to assess
whether the impact of the oscillations is significant.

The variable of interest for these experiments is the total axial
friction force Fa that is generated by the axial shaft movements.
The axial shaft oscillations create sliding friction between the inner
ring raceway and the 16 rolling elements. The resulting axial
friction forces are then transferred to the outer ring, either via
friction or via roller-flange-contact. The outer ring then transmits
the axial forces to the four piezoelectric sensors.

Figure 0-9 illustrates the forces of the sensors which, will,
henceforth, be referred to as L1 and L2 for the ones on the left side
of the test bearing housing and R1 and R2 for those on the right
side.

The target variable, the cumulative axial friction force Fa of all 16
contacts between rolling elements and inner ring raceway at an
arbitrary time t, may be calculated from the four sensor signals by
applying the principle of balanced forces to Figure 0-9 which
yields:

Fa(t)=F,(t) + F,(t) - Fey (t) - Fep (D). (Eq. 0-1)

Since the measured force signals behave highly dynamic, a
constant scalar value for Fa that adequately represents the
occurring amount of axial sliding friction is required.

Figure 0-9: Equilibrium of forces between the axial force due to
shaft oscillations and the forces opposed by the four sensors.
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Therefore, the axial forces are recorded for a sample time ts and the
mean axial friction force is being calculated using:

1t
Fy T jo |F, (0)] dt. (Eq. 0-2)
In addition, the maximum of the axial friction force Famax is
determined for each sample:

F

amx = Max(F, (1)) withte[0,t].  (Eq.0-3)
A sample time ts of ten seconds has been chosen since it has proven
to be a suitable choice. With the test rig’s sampling rate of 1 000 Hz

this results in 10 000 measurement values per sample.

The axial friction force Fa is a well-suited criterion to quantify the
impact of axial shaft oscillations on friction and lubrication in
cylindrical roller bearings. However, since the axial force is
strongly dependent on the applied radial load, it is not readily
transferable to applications with different radial loads.

For that reason, subsequently, to provide a more general
applicability for the results of this paper, an axial friction
coefficient pa for the roller raceway contacts which is independent
of the radial load is being determined.

As depicted in Figure 0-10, an external radial load Fr that is
subjected to a rolling element bearing is transferred simultaneously
through the several rolling elements within the load zone, each one
carrying a different fraction Qi of the radial load and each one
transmitting a fraction Fai of the axial friction force Fa due to the
axial shaft oscillations.

The mentioned axial friction coefficient pa is derived from the
axial friction force Fai for each rolling element i that is subjected
to a radial load Qi:

Fai = s Q. (Eq. 0-4)

Equation 0-4 is based on the postulate that the friction coefficient
Ma is identical for each roller-raceway contact which is
subsequently verified in Section 4.2.

Figure 0-10: Radial load distribution in a cylindrical roller
bearing and axial friction forces at each rolling element inside the
load zone.
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Summation over each of the Z rolling elements yields the total axial
force Fa transferred to the outer ring due to axial sliding friction
between rollers and inner ring raceway:

z z
Fa :ZFAi = Ha ZQI
i1 i-1

The individual rolling element loads Qi can be derived from the
distribution Q(¢) of the bearing’s radial load which is iteratively
calculated from the displacements and deformations of the bearing
components.

(Eq. 0-5)

Alternatively, since Equation 0-5 only requires the sum of all
rolling element loads, it can be solved by using the mean rolling
element load Qm instead. Qm is determined as follows [6]:

Q — k1 i FR
" Z
where Z is the number of rolling elements and ki is an empirical
parameter which is dependent from the radial load zone angle ¢ and
takes bearing stiffness, clearance as well as preloading into
account. In standard radial bearing applications, ki is to be assumed
as 2.8 [6].

Therefore, Equation 0-5 simplifies to:

Fa=ta Qun-Z=p, k F.

(Eg. 0-6)

(Eqg. 0-7)

Hence, one receives for the mean axial friction coefficient pa:
k,-F
Using the maximum instead of the mean for the axial friction force

yields the maximal axial friction coefficient pa max:

F

A,max
k -Fy

The axial friction coefficient describes a combined rolling-sliding
motion since the inner ring rotates and oscillates at the same time.
The ratio 5 of oscillation to rotation is depicted in Figure 0-11 and
mathematically expressed as:

Ha (Eq. 0-8)

/uA,max = (Eq 0'9)

2 i fOSC ) aOSC
Yij D, (Eq. 0-10)
For lubricated contacts, the friction coefficients are usually within
the range of 0.001 to 0.005 in case of rolling friction and lie
between 0.001 and 0.1 in case of sliding friction, depending on
lubricant properties, surface quality and whether purely liquid
friction or mixed friction occurs.

Figure 0-11: Ratio of axial oscillation velocity over rotational
velocity.
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Since pa is a combination of rolling and sliding friction it falls
between these intervals. It has been established that the friction
coefficient increases with higher slide-to-roll-ratios [7].

Although neither the rotational speed nor the oscillation frequency
or amplitude appear in Equation 0-8, these variables are expected
to influence the axial friction coefficient pa since they change the
oscillate-to-roll-ratio.

In addition to the axial friction force and the axial friction
coefficient, the cage slippage is being determined from the
measurements of the rotational speeds n of the test bearing shaft
and nc of the test bearing cage as follows:

n
S=1-—% (Eq. 0-11)
nCO
with the theoretical rotational speed nco of the test bearing cage

being calculated as [6]:
D, -cos

Do 2
The pitch diameter Dpw of all rolling elements and the rolling
element diameter Dw are both listed, along with other specifications
of the test bearing NU210, in Table 0-2.

The determination of the cage slippage with Equation 0-11 gives a
good indication whether axial shaft oscillations also impede with
cage and roller kinematics.

The axial oscillation velocity vosc(t) can be determined from the
measurements of the axial movements Sosc(t) of the shaft as:

VDSC (t) = s‘OSC (t)

(Eq. 0-12)

(Eq. 0-13)

Multiplication of the oscillation velocity vosc(t) with the axial
friction force Fa(t) yields the friction losses Posc(t) at a certain point
t in time due to the sliding friction between rollers and inner ring
raceway which is caused by the axial shaft oscillations:

P (1) = Vs (1) FA (1)]. (Eq. 0-14)

Since Posc(t) behaves highly dynamic, the mean friction losses Posc
during the sample time ts of the measurements will be calculated
using:

1t
Posc = t_‘[o Posc (t) dt. (Eq 0'15)

S
To be able to put the friction losses due to axial oscillations into
perspective, an additional reference measurement (E-1) on the
aforementioned bearing friction test rig is being conducted and the
rotational bearing friction moment Mrot is being determined.

The bearing friction losses are then calculated as follows:

Pt ®H=27-M rot ) -n(t). (Eg. 0-16)
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Table 0-2: Specifications of the test bearing NU210.

Symbol  Parameter Value
C. Basic dvnamic load ratina (radial) 75 kN
Cr.min Minimum load 1.2 kN
NG Limiting speed 9700

z Number of rollers 16

Dir Inner ring raceway diameter 59.5 mm
Dw Roller diameter 11 mm
Dow Pitch diameter 70.5 mm
o Contact angle 0°

Ky Empirical value 2.8

In accordance to the central point of the experiments listed in
Table 0-1, the rotational speed for this experiment is also set to
2 000 rpm, the radial load that is applied to each of the test bearings
is set at 7.5 kN and no oscillations are applied. The experiment is
being run until steady-state-temperatures of the outer rings are
reached. This requires approximately two hours of running time.
The friction losses due to oscillations also lead to an increase in
bearing operating temperatures which changes the lubricant
viscosity and can accelerate lubricant ageing and deterioration.

To quantify this increase in operating temperatures two additional
experiments (F-1 and F-2) are conducted on the oscillation test rig,
the first one without any additional oscillations, the second one
with superimposed oscillations of 0.8 mm amplitude and 24 Hz
frequency. A rotational speed of 2 000 rpm and a radial load of
7.5 KN were chosen for both experiments.

Like experiment E-1, experiments F-1 and F-2 are run until steady-
state temperatures of inner and outer rings are reached which also
takes approximately two hours. During the experiments both inner
and outer ring temperature of the test bearing, as well as the
ambient temperature inside the test rig housing are recorded.

Finally, to find out, whether the axial shaft oscillations cause mixed
friction and induce additional wear on raceways and rollers, a long
run (G-1) is being conducted at 2 000 rpm rotational speed, 7.5 kN
radial load, 24 Hz oscillation frequency and 0.8 mm oscillation
amplitude. The test duration is set to 231.5 hours which amounts to
approximately 2-107 oscillations.

The test bearing is then thoroughly examined and the running
surfaces are analysed under a laser scanning microscope (Keyence
VKX-200).

The results and findings from these experiments are described and
discussed in detail in the remainder of this paper.

4. Results

As described in Chapter 3, numerous experiments were conducted
and the results are subsequently presented and discussed, starting
with a brief assessment of the validity of the experiments and
continuing sequentially with the results from test series A to G.
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4.1. Plausibility and Reliability

The central vantage point of the experiment design is at 2 000 rpm
rotational speed, 7.5 kN radial load, 0.8 mm oscillation amplitude
and 24 Hz oscillation frequency.

For experiment D-9, Figure 0-12 shows the axial forces measured
from the four piezoelectric sensors over a time period of 200 ms.
In compliance with Figure 0-9, the red and orange force
measurements pertain to the sensors on the left-hand side. The blue
and green curves represent the sensors on the right-hand side.
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Figure 0-12: Axial forces on the test bearing housing at 0.8 mm
oscillation amplitude, 24 Hz oscillation frequency, 2 000 rpm
rotational speed and 7.5 kN radial load (experiment D-9).

It is obvious that the left- and right-hand side sensors have opposite
signs due to the equilibrium of forces (see Figure 0-9 and
Equation 0-1). The sine wave due to the shaft oscillations is clearly
pronounced and fairly regular at the superimposed oscillation
frequency. This suggests that the friction between rollers and
raceway due to the shaft oscillations is the predominant cause for
the measured forces.

There is a slight offset from zero visible for each of the four signals
which is due to the preloading process of the sensors. However, this
does not affect the results since it cancels out in the summation in
Equation 0-1. The maxima and minima of the curves occur at the
point of highest oscillation velocity as is observable by comparing
Figure 0-12 to Figure 0-13 which shows the according oscillating
shaft movements over the same period. At the turning points of the
axial shaft oscillations, where the axial shaft oscillation has its
extrema, the curves of the axial forces meet near zero.
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Figure 0-13: Axial Shaft Oscillations according to Figure 0-12
(experiment D-9).
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This shows that the forces measured are indeed caused by sliding
friction between rollers and inner ring raceway rather than by mass
inertia which would exhibit an extrema at the turning points of the
shaft oscillation.

Both, the axial friction forces and the axial shaft movements,
depicted in Figure 0-12 and Figure 0-13, respectively, appear
uniformly and with good repeatability.

This parameter combination has been tested four times, once in
each test series (see Table 0-1). The mean axial friction forces
resulting from Equation 0-2 as well as the maximal axial friction
forces derived from Equation 0-3 are listed in Table 0-3. Table 0-3
also gives the arithmetic mean and the (relative) standard deviation,
both of the mean and maximal axial friction force.

Table 0-3: Results for the central point of the experiments.

Test Number Fa Famax
A-6 419.8N 916.0 N
B-6 410.6 N 919.2N
C-9 418.1N 997.3N
D-9 417.8N 944.2 N
Arithmetic Mean 416.6 N 9442 N
Standard Deviation 32N 29.1N
Relative Deviation 0.76 % 3.08 %

The low relative standard deviation of 3.1 % for the maximum of
axial friction force shows good repeatability and reliability of the
measurement results. The very low relative standard deviation of
0.8 % for the mean axial friction force is not only due to a flawless
test rig design and high precision sensors but also a consequence of
the way of determining the mean axial friction force.

Since each result for Fa is itself a mean value of, in this case,
10 000 measurement points (see Equation 0-2) the standard
deviation of the four values of Fa has to approach zero, a fact that
can be derived from GAuss's Central Limits Theorem.

In comparison to the measurements depicted in Figure 0-12,
Figure 0-14 displays the axial forces measured at the same
operating conditions of 2 000 rpm rotational speed and 7.5 kN
radial load but without any superimposed oscillations. The axial
forces of the sensors L1 and L2 still show opposite signs to those
of R1 and R2 but, in this instance, they appear random and
unpredictable.

Nevertheless, there are axial forces detectable although there are no
oscillations and the test bearing is not a locating bearing. This is
ascribed to a bearing phenomenon called axial thrust. It is known
that cylindrical roller bearings exhibit axial forces that are
generated within the bearing itself due to skewing of the rollers
inside their cage pockets and which have nothing to do with the
superimposed shaft oscillations.

These forces due to axial thrust still need to be quantified and are
used as a base line to decide, whether a set of measured axial
friction forces due to oscillations is significant or not.
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Figure 0-14: Axial forces on the test bearing housing at 2 000 rpm
rotational speed and 7.5 kN radial load, without any superimposed
axial oscillations (experiment D-1).

In the two experiments where either the oscillation frequency or the
amplitude are set to zero (experiments C-1 and D-1), which is
tantamount to no oscillations, the mean axial forces (see
Equation 0-2) due to axial thrust amount to 95N or 98N,
respectively. The maximum of axial force (according to
Equation 0-3) that occurred lay at 384 N or 385 N, respectively.
To consider measured axial forces significant, they need to exceed
the forces due to axial thrust. Having established reliability and
repeatability as well as a base line, the effects of the parameter
variations are subsequently analysed.

4.2. Test Series A: Radial Load

In test series A, the radial load is being varied from zero in 1.5 kN
increments to 12.0 kN (see Table 0-1). Figure 0-15 presents the
mean axial friction forces (blue curve) and the maxima of axial
friction forces (red curve) resulting from these experiments.
Furthermore, the results of experiments B-6, C-9 and D-9 are added
to visualize the scattering of the measurements.

Both curves in Figure 0-15 show an almost linear increase with
higher radial loads. This is to be expected and shows that the
simplification of using CouLoms's friction law in Equation 0-4 is
a valid assumption. However, at zero radial load, both, the blue and
red curves exhibit axial forces of 99.0 N and 161.8 N, respectively.
The curve of the mean axial friction force also presents itself with
a slight curvature at low radial loads.
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Figure 0-15: Influence of radial load on maximal and mean axial
friction forces at 0.8 mm oscillation amplitude, 24 Hz oscillation
frequency and 2 000 rpm rotational speed.
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This is ascribed to the aforementioned axial thrust that occurs in
cylindrical roller bearings and does not necessarily require radial
loading. At lower radial loads the forces due to axial thrust amount
to a higher percentage of the radial load and therefore cause the
curvature. Since the red curve takes only the maxima of axial
friction force into account, its inclination is steeper than that of the
blue curve.

The mean and maximal axial friction coefficients that are
calculated by applying Equation 0-8 from the results shown in
Figure 0-15 are depicted in Figure 0-16.

The mean axial friction coefficient amounts to 0.02, the maximal
axial friction coefficient amounts to 0.05 which is the order of
magnitude of purely hydrodynamic friction.

The curvature left of 1.5 kN of radial load is, again, ascribed to
axial thrust. The steep increase of both mean and maximal axial
friction coefficients towards zero radial load is simply a
mathematical issue as dividing by a radial load approaching zero in
Equation 0-8 leads to an infinitely high friction coefficient.

Most importantly, Figure 0-16 shows that the assumption that the
friction coefficient is the same in each of the 16 roller raceway
contacts (see Equation 0-4), or in other words, that it is independent
of the rolling element load, seems to be correct. Were it not, the
friction coefficient would change with increasing radial loads and,
in consequence, higher rolling element loads.

In general, the amount of radial loading increases the width of the
load zone and possibly the number of rollers within. Figure 0-16
suggests, that this has no, or at least no significant effect on the
axial friction coefficient.

Figure 0-17 depicts the effect of the axial shaft oscillations on cage
slippage in dependence of the radial bearing load (blue curve). As
a reference, the cage slippage measurements of experiments C-1
and D-1 are included (red diamonds).

An increase in cage slippage is observable at zero radial loading.
This is not a result of the oscillations. It is due to the fact that the
minimal load require-ments of the bearing are not met which is
known to cause excessive cage slippage.
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Figure 0-16: Influence of radial load on maximal and mean axial

friction coefficients at 0.8 mm oscillation amplitude, 24 Hz
oscillation frequency and 2 000 rpm rotational speed.
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Figure 0-17: Influence of radial load on cage slippage at 0.8 mm
oscillation amplitude, 24 Hz oscillation frequency and 2 000 rpm
rotational speed.

With radial loads higher than the minimally required loading of
1.2 kN (see Table 0-2), axial shaft oscillations do not exhibit any
significant effect on cage slippage. Albeit barely perceptible, the
cage slippage measurements of experiments B-6, C-9 and D-9 are
additionally included in Figure 0-17 which shows an extremely low
variance of the measurement data.

Therefore, in summary, axially oscillating shafts do exhibit a
greater impact on friction losses with higher radial loads but neither
the axial friction coefficients nor the cage slippage are influenced
by changes in radial loading.

4.3. Test Series B: Rotational Speed

Variations of the rotational speed, ranging from 50 rpm up to
3200 rpm, are carried out in 400 rpm increments during test
series B. The measurements of the mean and maximum axial
friction forces obtained from these experiments are documented in
Figure 0-18.

Again, further measurement data, resulting from experiments A-6,
C-9 and D-9, is added to display the deviation between the
measurements.

Towards low rotational speeds both the mean (blue curve) and the
maximum (red curve) of axial friction force increase significantly.
This is because the viscosity ratio x declines with slowing
rotational speeds until mixed friction occurs which causes higher

friction forces than purely hydrodynamic friction. (see
Figure 0-19).
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Figure 0-18: Influence of rotational speed on maximal and mean

axial friction forces at 0.8 mm oscillation amplitude, 24 Hz
oscillation frequency and 7.5 kN radial load.
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With sufficiently high rotational speeds to ensure fully
hydrodynamic contact conditions, there occurs only a very slight
decrease of the mean axial friction force with increasing rotational
speed, which barely registers as significant in the experiments. This
is the case because the ratio of oscillating velocity over
circumferential speed changes (see Figure 0-11) and the rolling
friction coefficients are usually lower than sliding friction
coefficients in lubricated contacts.

As Equation 0-8 does not account for the rotational speed,
Figure 0-19, which shows the mean and maximal axial friction
coefficients, looks similar to Figure 0-18.

But, Figure 0-19 shows that, if purely hydrodynamic friction is
achieved, the rotational speed does barely interact with the axial
sliding friction between rollers and raceway. Only a very slight
decrease of the mean axial friction coefficient is observable as the
ratio of oscillating to rolling in the roller-raceway contacts
decreases with higher rotational speeds.

In accordance with test series A, the mean and maximal axial
friction coefficients resulting from test series B amount to 0.02 and
0.05, respectively, provided that the rotational speed is sufficiently
high to ensure proper hydrodynamic conditions.

The measurements of cage slippage of test series B which are
depicted in Figure 0-20, exhibit no significant effect of the shaft
oscillations with varying rotational speeds. The cage slippages with
oscillations (blue curve) and without oscillations (red diamonds,
experiments C-1 and D-1) both amounted to slightly less than 1 %.
Merely a slight elevation at low rotational speeds is observable.
Whether this is due to interactions of the shaft oscillations with the
fairly slow rotational speeds or simply statistical spreading of cage
slippage while the bearing is running cannot be deduced from the
experiments.

The results obtained from varying the rotational speed prove that
not the oscillation amplitude or frequency, but the rotational speed
is the key factor that assures hydrodynamic friction or causes mixed
friction. Even the highest possible setting at the test rig of 0.8 mm
peak-to-peak amplitude and 24 Hz oscillation frequency could not
provoke mixed friction during the experiments if the rotational
speed is sufficiently high.
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Figure 0-19: Influence of rotational speed on maximal and mean

axial friction coefficients at 0.8 mm oscillation amplitude, 24 Hz
oscillation frequency and 7.5 kN radial load.
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Figure 0-20: Influence of rotational speed on cage slippage at
0.8 mm oscillation amplitude, 24 Hz oscillation frequency and
7.5 kN radial load.

4.4. Test Series C: Oscillation Frequency

So far, the oscillation frequency has been set constantly at 24 Hz.
In test series C, the oscillation frequency is being increased in 3 Hz
increments from zero (no oscillations) to 24 Hz.

The obtained results from test series C and experiments A-6, B-6
and D-9 for the mean (blue curve) and maximal (red curve) axial
friction force are plotted in Figure 0-21.

The previously mentioned axial thrust of 95 N for the mean axial
friction force and 384 N for the maximum of axial friction force is
observable in Figure 0-21 at the oscillation frequency of zero. From
this offset from zero the axial friction forces of both curves increase
with higher oscillation frequencies. The mean axial friction force
(blue curve) approaches a limit at approximately 400 N.

In consequence, the maxima of axial friction forces must also reach
a limit value, although this is not clearly distinguishable in
Figure 0-21. Since the statistical variation of the maxima is higher
than that of the mean values it appears, for this set of
measurements, as if the red curve does not yet reach its limit value.

As the oscillation frequency is not factored in for the calculation of
the axial friction coefficient (Equation 0-8), Figure 0-22 which
displays the mean (blue curve) and maximal (red curve) axial
friction coefficient for various oscillation frequencies, is similar to
Figure 0-21. Nevertheless, the blue curve allows for two
observations:
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Figure 0-21: Influence of oscillation frequency on maximal and

mean axial friction forces at 0.8 mm oscillation amplitude,
2 000 rpm rotational speed and 7.5 kN radial load.
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Figure 0-22: Influence of oscillation frequency on maximal and
mean axial friction coefficients at 0.8 mm oscillation amplitude,
2 000 rpm rotational speed and 7.5 kN radial load.

Firstly, at relatively moderate oscillation frequencies (0 to 12 Hz)
a linear increase of the mean axial friction coefficient is discernible.
Increasing the oscillation frequency leads to a higher oscillate-to-
roll ratio which leads to an elevation of the axial friction
coefficient.

Secondly, at higher oscillation frequencies (12 to 24 Hz) the mean
axial friction coefficient converges with a threshold of 0.02. This
happens because mineral oils are non-Newtonian liquids that
exhibit shear thinning, which means that the lubricant viscosity
decreases with increasing strain rates and the relation between
strain rate and transmittable shear stresses is non-linear.

In this case, the strain rate corresponds to the oscillation velocity
which is proportional to the oscillation frequency and the shear
stresses correlate with the axial friction forces.

Figure 0-23 shows measurements of cage slippage with varying
oscillation frequencies. It is evident that changing the oscillation
frequency has no effect on cage slippage.
The cage slippage with oscillations (blue curves) does not deviate
at all from the cage slippage without any oscillations that was
determined in experiments C-1 and D-1 (red diamonds).
From test series C can be concluded that the amount of friction that
occurs due to axial shaft oscillations is primarily determined by the
properties of the lubricant and its behaviour in response to dynamic
shearing.
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Figure 0-23: Influence of oscillation frequency on cage slippage at
0.8 mm oscillation amplitude, 2 000 rpm rotational speed and
7.5 kN radial load.
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4.5. Test Series D: Oscillation Amplitude

The nine experiments of test series D are run with incrementally
increasing oscillation amplitudes, starting from zero (no
oscillations) and ending at 0.8 mm peak-to-peak amplitude. The
resulting mean (blue curve) and maximal (red curve) axial friction
forces, appended with the results from experiments A-6, B-6 and
C-9, are shown in Figure 0-24.

Again, the measurements show axial thrust of 98 N for the mean
axial friction force and 385 N for the maximum of axial friction
force without any oscillations (oscillation amplitude equals zero).
With small axial shaft oscillations of 0.1 mm peak-to-peak
amplitude neither the mean nor the maximal axial friction force
exhibit any change. This particular experiment (D-2) was repeated,
to ensure that there was no error in measurement, which yielded
identical results.

To find out whether these small oscillations really do not impact
the axial friction forces, Figure 0-25 displays some of the
measurement data of each of the four force sensors.

Contrary to Figure 0-12, where the oscillations are clearly
pronounced, Figure 0-25 displays no periodic oscillations of the
measurements and the signals appear random. Comparison of
Figure 0-25 with Figure 0-14, where no oscillations were imposed,
shows that both measurements appear very similar. This suggests,
that the aforementioned axial thrust is the dominant effect and that
small oscillations do not seem to have an impact.

Further increase of the oscillation amplitude leads to a significant
increase in both the mean and maximal axial friction force (see
Figure 0-24). Therefore, the oscillation amplitude is an influential
parameter but it needs to exceed a certain threshold to exert its
impact on the axial friction forces.

In Figure 0-24, this threshold seems to be located around 0.1 mm
of oscillation amplitude. This is approximately the amount of axial
clearance between rollers and outer ring flanges. During the
oscillations, the roller rolls and drifts axially with the inner ring
until it touches the outer ring flange.

Only after that does a sliding motion occur between rollers and
inner ring raceway which creates significantly higher friction
forces that are recorded by the sensors and which leads to the steep
increase of both curves in Figure 0-24.
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Figure 0-24: Influence of oscillation amplitude on maximal and

mean axial friction forces at 24 Hz oscillation frequency,
2 000 rpm rotational speed and 7.5 kN radial load.
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Figure 0-25: Axial forces on the test bearing housing at 0.1 mm
oscillation amplitude, 24 Hz oscillation frequency, 2 000 rpm
rotational speed and 7.5 kN radial load (experiment D-2).

With higher oscillation amplitudes, which entail also higher
oscillation velocities since the oscillation frequency has not
changed, both curves reach a limit of transmitted axial friction
force. This is due to the aforementioned shear thinning effect as the
lubricant behaves in a non-Newtonian manner.

The curves of the mean and axial friction coefficients which are
depicted in Figure 0-26 look similar to Figure 0-24 since the
oscillation amplitude is not required for Equation 0-8.

But, for oscillation amplitudes greater than 0.2 mm, the curves in
Figure 0-26 also shows excellent accordance with those in
Figure 0-22. The steps of the parameters oscillation frequency and
oscillation amplitude are chosen though that the respective
experiments of test series C and D result in identical oscillation
velocities.

Therefore, one can deduct from the results shown in Figure 0-26
and Figure 0-22 that the oscillation velocity is the relevant factor
that determines the axial friction coefficient of, in this case, 0.02
and 0.05 for the mean and maximal axial friction coefficient. The
oscillation velocity is also the main driver of lubricant shearing.

With regard to cage slippage, changing the oscillation amplitude
bears no effect on cage slippage, as it is shown by Figure 0-27. The
cage slippage with oscillations (blue curve) does not deviate from
the cage slippage without oscillations of experiments C-1 and D-1
(red diamonds).
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Figure 0-26: Influence of oscillation amplitude on maximal and
mean axial friction coefficients at 24 Hz oscillation frequency,
2 000 rpm rotational speed and 7.5 kN radial load.
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Figure 0-27: Influence of oscillation amplitude on cage slippage at
24 Hz oscillation frequency, 2 000 rpm rotational speed and 7.5 kN
radial load.

Inferring from test series D, as long as the oscillation amplitude
does not exceed the axial clearance of the roller bearing in question,
axial shaft oscillations do not exhibit a significant impact on axial
sliding friction. For oscillation amplitudes greater than the axial
clearance, the oscillation velocity, as the product of amplitude and
frequency (see Equation 0-14) is the crucial influencer regarding
friction due to axial shaft oscillations.

4.6. Test E: Friction Losses

So far, test series A to D have established that axial shaft
oscillations cause substantial axial forces. This inevitably causes
additional friction losses which can be calculated using
Equation 0-14.

The resulting axial friction losses Posc(t) due to oscillations of
0.8 mm amplitude and 24 Hz frequency at 2 000 rpm rotational
speed and 7.5 kN radial load from experiment D-9 are plotted in
Figure 0-28 (blue curve).

Since the friction losses fluctuate with the oscillation velocity, the
mean friction losses Posc are being determined using Equation 0-15
(red line) and amount to 20 W.

In comparison, Figure 0-29 depicts the friction losses due to axial
thrust without any oscillations, determined in the same way from
experiment D-1, using Equation 0-15. Although the axial forces
due to axial thrust reached about 23 % of the axial forces due to
oscillations, the mean friction losses due to axial thrust only
amount to 0.6 W which corresponds to 3 % of the friction losses
due to oscillations.
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Figure 0-28: Friction Losses due to axial oscillations of 24 Hz
frequency and 0.8 mm amplitude at 2 000 rpm rotational speed and
7.5 kN radial load (experiment D-9).
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Figure 0-29: Friction Losses due to axial thrust at 2 000 rpm
rotational speed and 7.5 kN radial load (experiment D-1).

This vast discrepancy between the two percentages is due to the
fact that axial thrust does not generate any axial movements of the
test bearing shaft which is required to generate friction losses (see
Equation 0-14).

To establish whether these friction losses of 20 W are significant
compared to the friction losses that are generated with normal
bearing operation, Figure 0-30 shows a measurement from the
bearing friction test rig. This test (experiment E-1) was conducted
with the same rotational speed of 2 000 rpm and radial load of
7.5 kN but without oscillations. The friction losses levelled out at
33.5W.

This concludes that axial shaft oscillations can be a substantial
cause of friction losses and increase the total friction losses of
cylindrical roller bearings significantly.
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Figure 0-30: Bearing friction losses due to standard operation at
2 000 rpm rotational speed and 7.5 kN radial load.

4.7. Test Series F: Operating Temperatures

The substantial impact of an axially oscillating shaft on friction and
lubrication also entails significant increases in operating
temperatures. Therefore, two additional experiments (F-1 and F-2)
with a duration of two hours each are being conducted at rotational
speeds of 2000 rpm and radial loads of 7.5kN, one without
oscillations and one with oscillations of 0.8 mm amplitude and
24 Hz frequency. In both experiments the inner and outer ring
temperatures are recorded.

Figure 0-31 compares the inner ring temperatures with (red curve)
and without (blue curve) oscillations, Figure 0-32 displays the
respective outer ring temperatures in the middle of the load zone.
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Figure 0-31: Operating temperatures of the test bearing inner ring
at 2 000 rpm rotational speed and 7.5 kN radial load, with and
without additional oscillations of 0.8 mm amplitude and 24 Hz
frequency.

The results show that the superimposed axial shaft oscillations
cause significant increases in operating temperatures, not only at
the inner ring where the sliding friction between rollers and
raceway occurs but also at the outer ring due to increased roller
flange contacts and due to heat conduction from the inner ring
through the rollers into the outer ring.

The lubricant viscosity reacts very sensibly to temperature changes
and decreases with rising temperatures. In consequence, this leads
to a lower lubricant film thickness and possibly inadequate
lubrication and mixed friction. Furthermore, higher operating
temperatures accelerate lubricant ageing and degradation.

In this case, the inner ring temperature rise up to 54 °C due to the
oscillations is still in the designated operating temperature range
since rotational speed and radial load are relatively moderate
compared to the basic dynamic load rating Cr of 75 kN and to the
limiting speed nc of 9 700 rpm for the test bearing.

But, under more challenging operating conditions with higher
radial loads and rotational speeds axial shaft oscillations can well
be responsible for overheating and premature bearing failure.

In consequence, lubrication for bearing applications which are
subject to axial shaft oscillations needs to be deliberately chosen
and maintained, especially, when the operating temperatures are
expected to be high.
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Figure 0-32: Operating temperatures of the test bearing outer ring
at 2 000 rpm rotational speed and 7.5 kN radial load, with and
without additional oscillations of 0.8 mm amplitude and 24 Hz
frequency.
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4.8. Test G: Wear

So far, the results obtained from the experiments listed in Table 0-1
suggest that axial shaft oscillations do not cause improper
lubrication and should, therefore, not generate any additional wear.
To test, whether this hypothesis holds, another cylindrical roller
bearing is subjected to axial shaft oscillations in a long run test.
Table 0-4 lists the chosen test parameters and resulting operating
conditions.

Table 0-4: Test parameters and operating conditions for the long
run test.

Test Parameters and Conditions

Rotational speed 2000 rpm
Radial load 7.5kN
Oscillation frequency 24 Hz
Oscillation peak-to-peak amplitude 0.8 mm
Test duration 231.5h
Inner ring steady-state-temperature 55°C
Viscosity ratio at steady-state-temperature 35

The test duration of 231.5 h amounts, at the applied oscillation
frequency of 24 Hz to approximately 2-107 oscillations. With the
chosen oscillation peak-to-peak amplitude of 0.8 mm, this results
in a total axial sliding distance between inner ring and each of the
16 rollers of approximately 32 km.

If axial shaft oscillations cause mixed friction, definitive traces of
wear should be observable on rollers and raceways. Subsequent to
the long run, the test bearing is dismounted, disassembled, cleaned
and thoroughly examined. Neither on the raceways nor on the
rollers were obvious traces of wear observable. The axial
oscillations lead, however, to discoloration of the running surfaces
as can be seen in Figure 0-33 which shows the inner ring and some
of the rollers after the examination.

The well-defined borders of the discoloured areas and the fact that
the operating temperatures during the long run were not unusually
high suggest that the discolouration is due to chemical reactions of
the lubricant.

These chemical transformations are provoked by the additional
shearing of the lubricant due to the axial oscillations. It tears the
molecule chains and leads to oxidation and accelerated degradation
of the lubricant. The lubricant residue that was removed from the
bearing during the cleaning process also appeared blackened due to
oxidation.

Figure 0-33: Cleaned inner ring and selected rollers of the test
bearing after a long run under oscillations.
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The discoloured area of the inner ring raceway corresponds to the
effective length of the rollers. Interestingly, a small not discoloured
stripe of approximately 1 mm in width appears in the middle of the
discoloured area of the inner ring raceway. Correspondingly, a
small discoloured stripe of about the same width is visible in the
middle of the otherwise not discoloured running surfaces of the
rollers.

Why this is the case is not yet fully understood. It suggests,
however, that these darkened traces are a degradation product of
the lubricant and are not due to wear and should therefore be
adhesive rather than abrasive.

For a more detailed investigation of the discolorations on the inner
ring raceway, a laser scanning microscope (Keyence VKX-200)
was being used to examine the surface of inner ring raceway.
Figure 0-34 shows a magnification of one of the borders of the not
discoloured stripe in the middle of the discoloured area.

The discoloured area is shown on the left-hand side and exhibits a
well-defined border towards the not discoloured stripe on the right-
hand side. The vertical lines along the rolling direction are ascribed
to the bearing manufacturing process.

Figure 0-35 shows a measurement of the surface roughness of the
exact same surface area on the inner ring raceway. Higher points of
the surface profile (roughness peaks) are depicted reddish, lower
ones blueish.

It becomes obvious that the surface profile on the left-hand side,
where the discolouration is, appears a fraction of a micrometre
higher than that on the right-hand side. This shows, that the surface
discolouration is indeed adhesive and due to lubricant deterioration
and not wear related.

Therefore, the long run under oscillations supports the earlier
findings that axial oscillations generate an excessive amount of
shearing within the lubricant in the roller raceway contacts which
induces chemical alterations of the lubricant which propagates
lubricant degradation.

The long run test supports the earlier observations that, in case of
proper lubrication conditions, axial shaft oscillations do not impede
with lubricant film build-up and do not lead to mixed friction and
therefore do not increase wear.

Figure 0-34: Discolouration of the inner ring raceway.
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Figure 0-35: Roughness of the inner ring raceway.

However, under mixed-friction conditions with an insufficient
lubricant film build-up (small viscosity ratio), axial shaft
oscillations can increase wear significantly. It is therefore advisable
to aim for a high enough viscosity ratio in any application that
might experience axial shaft oscillations.

5. Conclusions

The objective of this paper is to examine, how axial shaft
oscillations affect friction and lubrication in cylindrical roller
bearings. Therefore, this paper presents a unique test rig and an
experimental study and points out the following results:

Firstly, it is shown that axial shaft oscillations cause a substantial
amount of sliding friction between rollers and inner ring raceway
which leads to axial forces on the outer ring that are significantly
higher than forces due to axial thrust. These forces behave
dynamically and in unison with the oscillation velocity.

Variations in radial load show that the impact of axial shaft
oscillations increases with radial loads but the axial sliding friction
coefficient of the roller raceway contacts does not change.

Alterations of the rotational speed indicate that axial shaft
oscillations do not cause mixed friction as long as the rotational
speed is sufficiently high to ensure hydrodynamic lubrication
without oscillations.

Testing various oscillation frequencies revealed that the occurring
axial friction forces strongly depend on the properties of the
lubricant and its non-Newtonian behaviour when sheared.

Changing the oscillation amplitude demonstrates that the axial
shaft oscillations need to exceed the axial clearance between rollers
and flanges to exhibit a significant effect on the axial friction
forces.

The mean axial friction coefficients for the roller-raceway contacts,
calculated from the measurement data, results in 0.02, which
indicates purely hydrodynamic friction. The axial shaft oscillations
do not exhibit any effect on cage slippage.

The conducted measurements of friction losses with and without
oscillations prove that axial shaft oscillations contribute
substantially to the total friction losses of the cylindrical roller
bearing. As observed in the experiments, this leads to significant
increases in operating temperatures of the test bearing inner and
outer ring.
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Finally, a long run test with axial shaft oscillations does not cause
any wear at the running surfaces. However, it leads to
discolouration and increased lubricant degradation due to shearing
of the lubricant and temperature rises.

Therefore, lubrication proves to be the critical issue when a roller
bearing is subjected to axial shaft oscillations. The lubricant choice
needs to be carefully considered and maintenance has to be
adjusted accordingly.
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List of Symbols

Symbol Explanation

Aner Oscillation peak-to-peak amplitude
C: Basic dynamic load rating (radial)
Cr.min Minimal loading

Dir Inner ring raceway diameter

Dow Pitch diameter

Dw Roller diameter

Fa Axial friction force

Fai Axial friction force at roller i

FAmax Maximum of axial friction force
Fui Axial force measured by sensor L1
Foo Axial force measured by sensor L2
fosc Oscillation frequency

Fr Radial bearing load

Fr1 Axial force measured by sensor R1
Fr2 Axial force measured by sensor R2
Ky Empirical value

Mot Rotational bearing friction moment
n Rotational speed

Nc Measured rotational speed of the bearing cage
Nco Theoretical rotational speed of the bearing cage
NG Limiting rotational speed

Posc Friction losses due to axial oscillations
Prot Friction losses without oscillations
Qi Load of rolling element i

Om Mean rolling element load

Q(p) Distribution of radial load

S Cage slippage

Sosc Axial shaft movement

t Time

ts Sample time

Vosc Oscillation velocity

Z Number of rolling elements

o Contact angle

B Oscillate-to-roll-ratio

Ha Mean axial friction coefficient

HA max Maximal axial friction coefficient
0 Angular coordinate
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Abstract — The bearing temperature is one of the essential variables in order to describe a bearing system. Especially under extreme
conditions such as external accelerations, an unsuitable temperature development at the bearing position can cause significant damage. This
work examines the temperature behavior under the influence of high centripetal accelerations up to 1 000-times gravity. Therefore, the
factors centripetal acceleration, relative speed of the specimen and the oil flow rate were varied systematically. Contrary to our expectations,
the temperature does not rise with an increase of the centripetal acceleration. This behavior can essentially be explained by the impact of
the acceleration to the supplied oil flow rate. Therefore the increased injection speed of the lubricating and cooling oil leads to a better
cooling of the roller bearings and the bearing temperature nearly remains constant. If the relative speed of the specimen increases, the
bearing temperature behaves as with bearings, which are not exposed to the influence of high accelerations. E.g. the temperature rises, even
if only moderate. The temperature behavior was analyzed and evaluated in the context of the present frictional moment. In order to achieve
a sufficient cooling effect by the lubricating oil flow an appropriate amount of lubricant is necessary. The present investigation showed that
with roller bearings exposed to centripetal accelerations the necessary amount of oil is about ten times higher than under normal
circumstances. Appropriate flow rates depending on the requirements were identified by the variation of the oil flow rate. A look at the
overall context shows that the bearing temperature is not an exclusion criterion for the use of roller bearings exposed to high accelerations.
With an appropriate design of the oil supply also a self-regulation effect of the oil flow rate can be achieved by the present accelerations.

A small excerpt of this research work has already been published in the proceedings of the bearing world conference [1].
Keywords — roller bearings, centripetal acceleration, temperature behaviour, appropriate oil supply quantity

1. Introduction the wear resistance and the frictional moment [8]. Additionally the
temperature also affects the viscosity of the lubricant and the aging-
process of the lubricant. Consequently the aging-process reduces
the lubricant service life and so can limit the bearing operating
time. Seals and cages can be further temperature-sensitive
components, which contribute to the operating time, if they consist
of non-metallic materials.

Then as now, roller bearings contribute significantly to the success
of many technical systems and are still an essential part of bearing
systems today. As long as the machine element roller bearing
exists, different research activities try to improve or at least
understand this element or the whole bearing system. Even though
the roller bearing has a very simple structure, consisting of outer
and inner rings, roller elements and cages, a lot of questions
concerning the system knowledge of this machine element have not
been answered yet. One reason for this could be the simple
structure itself. Since the complexity of the assembly is basically
low also the possibilities for improvement are limited. In addition,
the large number of internal, but especially the large number of
external influencing variables and importantly the complex Beside contradictory effects, there are also effects that show an
interaction of all variables could be a further reason for this. unsteady behavior. Due to the rise of the bearing temperature

Frequently analyzed parameters are the frictional moment of roller during operation, the bearing clearance often decreases. Figure 1-1
bearings or even the influences on the bearing nominal lifetime like ~ SnoWs that a reduction of the bearing clearance does not have to be
external loads, pressure distribution, lubrication, vibrations as ~ considered negatively.

analyzed in [2, 3, 4, 5]. In many cases the investigation of the As the reduction of the bearing clearance — up to a given limit —
temperature is the aim of the research activities [2, 6, 7], although causes a significant increase of the nominal bearing life time in the
this parameter often seems to be less important for usersand during ~ area of pretension. However, the nominal life time shows a sharp
the design process. However, the bearing temperature is a quite decrease, if the limit is exceeded. Such an abruptly Change of the

decisive factor for a trouble-free operation of roller bearings. component properties can have serious consequences for the
operation of the bearing and is difficult to manage, in practice.

A further problem is that the change of the properties can
sometimes cause contradictory effects that may cancel each other
out or not. To give an example, if temperatures higher than 100 °C
lead to carbide precipitations that reduce the component volume,
temperatures over 150 °C lead to retained austenite transformation
that affects an increase of the component volume [8, 9].

The temperature influences many properties of the roller bearing
elements. This includes the surface hardness, the strength, the
elasticity, the dimensional accuracy, the shape accuracy as well as
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Figure 1-1: Nominal lifetime as a qualitative function of the
bearing clearance according to [10].

The consequence of too high bearing temperatures could for
example be a hot running. In figure 1-2 a hot running of a
supporting bearing of a test rig is shown.

Figure 1-2: Hot-running of a test rig bearing.

The damage of this bearing took place without any prior notice as
quite typical for such processes. After a long period of operation,
the temperature rapidly increased followed by the bearing failure.
It could not be determined by the failure analysis, whether the hot
running was the primary reason of damage, but it was definitely the
resulting cause of damage.

This example shows the difficulty to identify temperature caused
damages and their origins. Thermal effects can produce an
enormous extent of damage up to a total destruction of the bearing
and a shutdown of the machine.
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Therefore, the analysis of the bearing temperature is an important
step to a better understanding of the whole bearing system. This is
particularly true if it concerns operating states with special, so far
little researched conditions. This is relevant for roller bearings
exposed to centripetal accelerations. Typical applications for such
bearings are connecting rod bearings of combustion engines and
planet bearings of planetary gears.

In contrast to bearings running under conditions with no centripetal
accelerations, all components such as the rings, roller elements,
cage, seals and lubricant are exposed to high accelerations in
addition to their usual operating loads. This can lead to a changed
bearing kinematic [11]. Several aspects contribute to this effect.
First of all the cages of outer ring guided bearings can rest on the
outer rings. So the cage behaves like a small plain bearing [11] and
creates an additional heat source and frictional moment. Besides
this, also larger elastic deformations of the cage [11] and rings are
expected, which can influence the contact situation of rings and
rolling elements. This can result in larger or even additional load
zones, which also influence the dynamic behavior. The bearing
lifetime can also be affected.

Moreover, the rolling elements themselves are higher loaded
because of the centripetal acceleration. They are additionally
pressed against the raceway and so the local roller element load
rises for each single roller. This leads, although the load in general
has rather a lower affect to the film thickness, to smaller lubricant
films, to higher shear stresses and to higher temperatures.

In this context, the lubricant is an important component. Under high
external accelerations, it is much more difficult to build an
appropriate lubricant film. Beside the challenges already
mentioned above, the influence of the acceleration on the lubricant
itself can be a very serious problem. On the one hand, the lateral
outflow of the lubricant is increased by the acceleration, so the film
thickness decreases, and on the other hand, it remains unclear
whether the oil can reach the lubrication points of the bearing, or
whether it is simply ejected by the acceleration field. And finally
the viscosity of the lubricant, which is a function of the
temperature, is a key parameter for the lubricating conditions.

Further questions arise here, whether the lubricant is able to cool
and lubricate the bearing sufficiently under the influence of high
accelerations or if the extreme temperature rises? Moreover, it
remains unclear, whether the changed movement sequences of
roller elements and cage, as they occur with bearings exposed to
centripetal accelerations [11], influence the bearing temperature.

In this work, the aspects concerning the temperature behavior were
investigated and analyzed in detail. Of course, further aspects like
the axial thrust behavior and the development of the frictional
moment will also be investigated in more detail in the future.

2. Experimental test setup

The focus of the investigations of roller bearings exposed to high
accelerations is the general — application-independent — analysis of
the roller bearing system. In order to analyze the behavior of roller
bearings a new test rig was built. With this test rig roller bearings
can be exposed to centripetal accelerations up to 3 000-times
gravity. The basic functional principle of the test rig has already
been presented in [12]. In order to get a better understanding of the
analyses that have been done, the test rig will be described in more
detail.
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The whole unit has a total mass of 16 tons and occupies a total area
of 22 square meters. Due to the high occurring accelerations, the
test rig has a massive protective hood in order to protect the
environment against flying parts. For this reason, the unit is placed
in a bunker as well.

According to typical applications mentioned under chapter 1, the
unit is designed like an open planetary gear, shown in figure 1-3.

Figure 1-3: Functional principle of the test rig according to [12].

By the rotation of the planet carrier, the test bearings move on a
circular path. The center of the circular path is eccentric to the
center of the test bearing. So the test bearings are exposed to a
radially outwards directed acceleration. Due to a separate drive unit
for the sun wheel, the rotational (relative) speed of the planets and
therefore the rotational speed of the specimens around its own axis
can be regulated without influence by the rotational speed of the
planet carrier.

The test bearings are in an insert, which is fixed to the planet carrier
with several screws. The insert contains the complete measuring
system, the support bearings of the test shaft and the planet gears.
The planet gears provide the drive of the test shaft. The design of
the insert is as axially symmetrical as possible. Especially the shaft
of the test bearings and the connecting components surrounding the
test bearing are designed strictly symmetrical.

On the one hand, this is the only way to achieve a balance quantity
for the whole unit, which allows trouble-free measuring conditions
with a less amount of vibrations. On the other hand, the
symmetrical design prevents the development of axial thrust, which
is caused by an unequal deformation of the test bearing shaft. Axial

59

thrust is caused by tilting and tooth setting of cylindrical roller
elements. Therefore, deformations of the raceways such as those
that occur with an unequal deformation of a shaft can produce this
effect or strengthen it.

In order to describe the behavior of roller bearings under the
influence of extreme conditions accurately, various measurement
variables are directly measured on the test bearing itself. The
frictional moment of the specimens is measured at the bearing outer
ring, as shown in figure 1-4. The outer ring of the test bearing is
not mounted in a bearing housing as under usual conditions. Here,
the ring can move freely in radial as well as in axial direction.

Figure 1-4: Functional principle of measuring the frictional
moment according to [12].

The freely movable ring is turned radially by the existing frictional
moment. This radial turn is measured by a bending beam, which is
equipped with strain gauges. The bending beam is connected to the
outer ring by a slider element. Therefore, the connection between
bending beam and outer ring is designed in such a way that an axial
movement of the outer ring is not prevented.

The axial movement of the outer ring is measured by sensors at
each front side of the outer ring, as shown in figure 1-5. These are
also bending beams, which are equipped with strain gauges. There
are three sensors at each front side. So even a tilting of the outer
ring can be measured. The axial shifting force of the outer ring is
measured, which corresponds to the axial thrust force of the test
bearing. Due to this design of the measurement system, the outer
ring is shifted to the bearing center, if axial thrust occurs. An
eccentric position of the outer ring can lead to the situation that the
rolling elements are mainly rolling on its edges. This effect is
intensified by the application of eccentric load, which is caused by
the accelerated mass of the outer ring. To avoid this effect the free
space between axial thrust sensors and outer ring is minimized.
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Figure 1-5: Functional principle of measuring the axial thrust
according to [12].

In addition to the already mentioned parameters, also the bearing
temperature is measured, as shown in figure 1-6.

The measurement is done by sensors, which are embedded in the
outer ring. For each test bearing two sensors are used. One sensor
is located in the load zone and one is shifted to the load zone by
180°.

On the basis of this structure of the sensors it is possible to detect
temperature gradients inside the bearing and so determine the
temperature distribution of the bearing. Furthermore, the bearing
temperature can be used as a reference to the lubricant temperature.
Besides all, the bearing temperature of the test bearing is the most
important parameter to determine the thermal steady state.

Beside the mentioned test bearing-specific measurement
parameters, which describe the behavior of the specimens, there are
also some measurement parameters, which describe the state of the
auxiliary media and of the connecting geometry.

With the help of these parameters, the state of the environment,
within the specimens are tested, can be described. These include
the supplied oil flow rate and the oil temperature of the supplied
oil. The measured parameters also include the relative speed of the
specimens, the present acceleration and the bearing load.

The bearing load is generated by the accelerated mass of the outer
ring. Since the outer ring cannot support itself in a bearing housing,
the whole in the acceleration field accelerated mass of the outer
ring acts as radial load of the test bearing.

An oil supply unit, as shown in figure 1-7, provides the oil flow
rate and the oil temperature. In this unit, the oil is pumped from a
tank via a flow heater to a rotary feedthrough. The rotary
feedthrough feeds the oil into the shaft of the rotating planet carrier.
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From the shaft lubrication holes lead the oil to the test bearing. In
the lubrication holes also a nozzle is located. This nozzle has a
defined distance to the specimen and the supplied oil has a constant
temperature of 35 °C. The escaping oil of the test bearing is radially
ejected from the insert with the test bearing. An encapsulation
collects the oil splashed away and returns it to the lubricant circuit.
Oil stagnation can be prevented by the direct and simple ejection
of the used oil.

Figure 1-6: Functional principle of measuring the axial thrust
according to [12].

The acceleration is a function of the rotational speed of the planet
carrier and of the distance between the insert and the center of
rotation. The distance between the center of rotation and insert is
not variable. The rotational speed of the test bearings is a function
of the rotational speed of the planet carrier and the rotational speed
of the sun wheel. The test rig is designed in such a way that the
rotational speed of the specimen can be varied from the minimum
to the maximum value over the entire acceleration setting range, in
contrast to the applications.

Needle rollers and cage assemblies are used as test bearings. These
roller bearings are often used in planetary gears as planet bearings
or as connecting rod bearings in combustion engines. The cages of
the specimens are guided by the outer ring. Therefore, the raceway
of the outer ring is the guiding surface and so the cages can attach
to them. The cages are made of steel and have a carbon based
coating system. The coating system is used to reduce the frictional
moment and protect against wear, if poor lubrication occurs.

The cage profile is designed in such a way that the entire cage bars
have the same outer diameter over the whole cage wide and can be
supported by the raceway of the outer ring. This cage profile is
called A-profile.
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Figure 1-7: lllustration of the oil supply unit and the oil cycle.

The test bearings have an inner diameter of 35 mm, a total wide of
20 mm and an outer diameter of 42 mm, see figure 1-8.

The used test oil is Shell Spirax S2 ATF AX. It is a gear oil for
automatic transmissions for application in passenger cars and
commercial vehicles. At a temperature of 40 °C or 100 °C the oil
has a kinematic viscosity of 34.6 mmz/s or 7.1 mm?/s.

With this test setup, an experimental plan is created in which the
parameters centripetal acceleration, the rotational speed of the
specimens and the oil flow rate are changing. The variation of the
acceleration takes place in fixed steps within a range from
0-1 000 g.

The rotational speed of the specimen was also varied in fixed steps
of 1 000 rpm, 2 000 rpm, 3 000 rpm and 4 000 rpm.

The oil flow rate was not changed at each acceleration step. It was
only varied at the three acceleration steps 156 g; 400 g and 750 g.
Since, it has to be carried out with acceptable effort. For these steps
the oil flow rate is varied in such a range that the state of poor
lubrication as well as overlubrication can be simulated. Therefore
the oil flow rate is changed in a range of 0-1.0 I/min. The exact
experimental plan can be seen in figure 1-9. The experimental plan
shows that in a range of 700 g up to 1 000 g no tests were done with
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a rotational speed of 1 000 rpm. The reason for this is a resonance
frequency in this speed range. In order to protect the test rig this
speed area is omitted.

Since it was unclear at the beginning of the investigation, which oil
quantity is necessary for roller bearings exposed to high centripetal
accelerations, for the majority of the tests an oil flow rate of
0.5 I/min was chosen. For usual conditions without external
accelerations the applied amount of oil is very high. However, this
procedure can ensure that the bearings are always lubricated
sufficiently. To avoid negative effects of too high oil quantities, a
gap was designed, so that the remaining oil can flow off without
any problems.

The design of the testing program specifies that if the single test
points are set, all the other parameters are kept constant until a
steady state is reached [13]. The steady state is reached if the
change in temperature is smaller than 1 °C. When this state is
reached, the measurement is continued for further 60 s. For the
evaluation only the steady state area is used [13].



Figure 1-8: Test bearing.

Figure 1-9: Experimental plan.
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3. Results and discussion

In a first step the change of the bearing temperature as a function
of the rotational speed of the test bearings is examined. For this
investigation the results at a centripetal acceleration of 200 g and
400 g are exemplary shown in figure 1-10.

With a constant oil supply temperature of 35 °C and a constant oil
flow rate of 0.51/min a moderate increase of the bearing
temperature was observed. With an increase in the rotational speed
of 1000 rpm, the bearing temperature rises by 5 °C. This behavior
can be analyzed in the load zone and shifted by 180° to the load
zone, in the so called load-free zone.

This behavior of roller bearings is already known from [14] and
therefore corresponds to the usual behavior of bearings, if the
rotational speed increases. Essentially two aspects are responsible
for this behavior. On the one hand, the rise of the frictional moment
is the reason and on the other hand, the reduced oil throughput of
the bearing is the origin [14].

From [14] it is known that the frictional moment rises with an
increase of the rotational speed. The same results can be seen in the
measured frictional moment of the realized tests. It is shown in
figure 1-11. In general, the rise of the frictional moment with the
rotational speed is moderate. This is shown by the results of
figure 1-11. The rise of the bearing temperature as a result of a
lower oil throughput with higher rotational speeds is certainly
secondary to the influence of a higher frictional moment, but also
contributes to the rise of the bearing temperature.
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Figure 1-10: Bearing temperature as a function of the relative
speed with an acceleration of 200 and 400 times gravity.

If a closer look is taken at the results of figure 1-10, it can already
be seen that there is almost no increase of the temperature of the
single test points, if you compare the results of constant rotational
speeds at the acceleration steps of 200 g and 400 g.

In figure 1-12 you can find the results of the bearing temperature
as a function of the acceleration with a rotational speed of
4000 rpm. Here the results of the whole acceleration range are
shown. Again the oil supply temperature had a constant
temperature of 35 °C and the oil flow rate had a constant value of
0.5 I/min. Even here no or at least only a moderate increase of the
bearing temperature can be seen over the whole range.

Beside the acceleration stress, the rise of the centripetal
acceleration also leads to an increase of the radial bearing load. The
reason for this correlation is the bearing load, which is caused by
the acceleration of the mass of the outer ring as already mentioned
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above. The load factor reaches a value up to 8. A load factor of this
value shows that the bearing load is in a normal to a high range.

Figure 1-11: Bearing frictional moment as a function of the
acceleration and the relative speed according to [1].

As all elements of the bearing, but especially the roller elements
and the cage are considerably more stressed by the significant rise
of the acceleration and the bearing load, also an enormous rise of
the bearing temperature would be expected. The reason for this is
in particular that the frictional moment substantially increases with
an increasing acceleration and load, as shown in figure 1-11. The
additional frictional energy generated has to be dissipated to the
adjacent parts as heat and so should cause a significant rise of the
bearing temperature. In particular, the missing rise of the bearing
temperature is unusual, even if a moderate rise of the frictional
moment depending on higher rotational speeds of the specimen
leads to a clear rise of the bearing temperature.

In general, there is one question left. What effects can be the reason
that the temperature remains constant? As figure 1-11 shows a clear
rise of the frictional moment, a constant frictional moment and so
the lack of an additional heat source cannot be a possibility. The
only left cause can be a better cooling of the bearing.

A Dbetter cooling of the bearings can be achieved by higher heat
dissipation to the adjacent parts or to the surrounding area. To
improve the heat dissipation to the adjacent parts, these elements
have to be changed. Possible variations are an improved heat
transfer between the parts, because of magnified contact surfaces,
materials with improved thermal conductivity or a bigger volume
of the elements and so a greater thermal capacity. As the design of
the test rig was always the same, this cannot be the reason.

Since the centripetal acceleration is generated by the rotation of the
planet carrier, as shown in chapter2, a higher acceleration
generates a greater air flow speed of the surrounding air. The
convection, forced by the surrounding air, consequently increases
the possible transferable heat-flow. Due to this effect, a better
cooling can be reached in principle.

However, with the design of the test rig, the air flow cannot reach
the specimen, like it is shown in figure 1-13. As the outer ring of
the test bearing is not mounted in the encapsulation (=housing), but
can move freely, like already described in chapter 2, the bearing is
isolated from the air flow. Therefore, this effect is also not the
reason for a better cooling of the bearing.



David Hochrein et al. — Bearing Journal Vol. 3 (2018) page 57 — page 69

Figure 1-12: Bearing temperature as a function of the acceleration
with a rotational speed of 4000 rpm according to [1].

A further possibility to improve the heat dissipation of the bearing
is a better heat dissipation by the lubricant. Here, either a bigger oil
flow rate can be provided or the temperature gradient can be
increased by using a cooler oil supply temperature. But as already
described above, both parameters remain constant over the entire
acceleration range, so even these options cannot be the reasons for
a missing rise of the temperature.

The situation described above proves to be disadvantageous. The
behavior of the test bearing changes, although all setting
parameters remain constant.

In figure 1-14 all relevant parameters are summarized in an
overview picture of the test rig again. This figure shows that the
rotational speed of the planet carrier is the only changing parameter
in order to generate the different acceleration values. Furthermore,
it can be seen that the oil flow rate is influenced by the acceleration
field, too.
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Figure 1-13: Encapsulation of the test bearing against the cooling
air flow.

Directly after the nozzle an outlet velocity as a function of the
nozzle diameter, the feed pressure and the oil flow rate is set. As
the escaping oil jet flows into an acceleration field, the oil velocity
does not remain constant, but is influenced by the acceleration
field. In figure 1-15 the course of the oil jet is considered in detail.
The acceleration influences each element of the oil jet and thus
accelerates each lubricant element. It should be noted that the value
of the acceleration field is changing, since the acceleration is a
function of the distance between the center of rotation and the
present position of the oil element.

The resulting jet velocity is a function of the acceleration and the
acceleration distance and so even a function of the distance
between the center of rotation and the present element position.
This corresponds to the usual conditions of each accelerated
motion, but since the acceleration is itself a function of the
described distance, the rise of the velocity is enormous.

Due to this correlation the velocity of the lubricant directly before
entering the test bearing — the so called injection speed — increases
massively. With an acceleration of 1 000-times gravity in the center
of the specimen the injection speed rises by 30 m/s. Under normal
conditions without external accelerations, the recommended upper
limit for the injection speed of injection lubrication is 30 m/s [14].
This comparison illustrates the enormous influence of the
centripetal acceleration on the injection speed.

Furthermore, it is known that the oil throughput of a bearing
increases with a rise of the injection speed [14]. Consequently it
can be expected that the oil throughput of the test bearing increases
with a rise of the acceleration. If the oil throughput of the bearing
improves, even the cooling effect of the lubricant rises
significantly. Finally, this has the consequence that the bearing
temperature remains constant, although the frictional moment
increases with a rise of the acceleration.
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Figure 1-14: Design of the oil supply system and possible setting
parameters.

But the oil throughput of the specimen can only be improved as the
constant provided oil supply quantity by the oil supply unit
represents an overflow. With low accelerations the unnecessary
part of the oil quantity can exit without pressure directly in front of
the specimen through a gap, like it is shown in figure 1-16. In front
of the test bearing the constant total oil flow rate Q: is divided into
the oil flow rates Q2 and Qs. Q2 is the amount that enters the test
bearing as lubricant and coolant. Qs is the amount that represents
the oil overflow.

With usual oil injection lubrication the oil is injected between cage
and inner ring. So also the front side of the roller elements or the
roller elements itself are cooled from the side by the oil overflow.
In the presented lubrication system this effect cannot occur,
because the oil is directly injected into the raceway and not into the
front side. This is the normal procedure with connecting rod
bearings of combustion engines and planet bearings of planetary
gears that represent a possible application for bearings exposed to
centripetal accelerations [15, 16].
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Figure 1-15: Velocity and acceleration profile of the oil flow.

Due to this special design of the lubrication system an increased oil
throughput of the bearing has greater influence on the cooling
effect and so on the bearing temperature. Therefore, a missing rise
of the bearing temperature is a consequence of the design of the oil
feeding system and so far plausible.

At this point it is still to be solved, why an oil quantity of 0.5 I/min
was used. From the literature [14] we know reference points for
appropriate oil flow rates depending on the bearing dimension, the
relative speed and the lubricant method. But these reference points
are all suitable for bearing lubrication under normal conditions
without the influence of external accelerations. The reference
values for oil injection lubrication are in general higher than for oil
circulation lubrication with pressure-free inlet. The reference
points for oil injection lubrication are valid for oil injection
between cage and inner ring. As this is not true for the present
system, the use of these limits is questionable. For this reason and
since there are no literature values for oil injection lubrication for
the present speed parameters, the upper limits for oil circulation
lubrication were used. According to [14] the used test bearing has
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a permitted upper limit of the oil quantity of 0.05 I/min. In order to
be sure that enough lubricant is available, ten times the
recommended quantity was used. This oil quantity is also greater
than the limits for oil injection lubrication determined on the basis
of extrapolated data.

Figure 1-16: Distribution of the oil flow rate before entering the
test bearing.

This situation is not satisfactory, because for a trouble-free
operation of the bearing system, the exact oil quantity to get a
sufficient lubrication and cooling is necessary. Therefore, as in
chapter 2 described, the supplied oil quantities were also varied.
Since 0.5 I/min is a rather large oil quantity, the oil flow rates were
mainly reduced for the further tests. To get a reference point for the
maximal generated energy by the bearing, also tests without
lubricant were carried out.

In order to analyze a thermal appropriate oil quantity, it is important
to define selection criterions for a thermal appropriate state. A
thermal appropriate state is reached, if a further rise of the oil flow
rate does not lead to a further decrease of the bearing temperature.
If the oil flow rate is great enough for the cooling of the bearing,
also the lubrication of the bearing can be guaranteed, because the
necessary oil quantity for lubricating the bearing is much smaller
than for cooling. Therefore, a sufficient oil quantity is
automatically reached, if the temperature remains constant.

In figure 1-17 and 1-18 the results of the changed oil flow rates are
exemplarily shown. These are the results for an acceleration of
400 g with a relative speed of 3000 rpm and 4 000 rpm. The
qualitative course of the curves for a relative speed of 3 000 rpm
and 4 000 rpm is the same.
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Figure 1-17: Bearing temperature and the frictional moment as a
function of the oil flow rate.

In detail, it is still to be determined with which oil flow rate a
constant temperature behavior is reached. Of course, not every
application needs an absolute temperature consistency. An
appropriate upper limit for the oil flow rate depends on the
operating conditions and on the design of the adjacent parts.

If the bearing temperatures are within a range of about 70 °C a
further increase of the oil flow rate and so a reduction of the bearing
temperature by 10 °C can maybe not be useful. In this case, the
limit for an appropriate oil flow rate is not so strict. If the bearing
temperatures are within a range of 100 °C a further rise of the oil
flow rate that leads to a reduction of the bearing temperature by
5 °C can be useful in order to guarantee a sufficient distance to the
standard bearing application limit of 120 °C. Finally the
determination of an appropriate oil flow rate will always be a
compromise and therefore also dependent on the overall energy
balance.

In figure 1-17 and 1-18 it can be seen that there are no major
temperature differences for an oil flow rate of more than 0.5 I/min.
Certainly this reference limit depends on the present parameter
setting and will be still variable, but it can be used as a rough guide
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for a practical, maximum oil flow rate with respect to the cooling
effect. This value does not represent an absolute optimum
concerning all parameters of the bearing system. For example, it is
also known, that the frictional moment increases with a rise in the
oil flow rate. Therefore, this value is only to be regarded as a useful
guide value in relation to the minimum achievable temperature
development. This rough guide particularly also shows that the
appropriate upper limit for the oil flow rate of roller bearings
exposed to centripetal accelerations is much higher than for roller
bearings exposed to standard operating conditions.

Figure 1-18: Bearing temperature and the frictional moment as a
function of the oil flow rate.
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4. Conclusions

Important conclusions for the application of roller bearings
exposed to centripetal accelerations can be drawn from the studies
on the bearing temperature under the influence of high external
accelerations. The most important conclusion is the fact that the
temperature behavior is controllable also under the influence of
high accelerations. The temperature levels shown in figure 1-12,
1-17 and 1-18 are within a normal temperature range for roller
bearings. Temperatures up to 120 °C are quite normal for standard
bearings. But in this context, it is also important to consider that the
present bearing temperatures could only be achieved for sufficient
oil flow rates and for rather low oil supply temperatures.
Furthermore, in this study the test bearings are not influenced by
external heat sources. If the oil supply temperature has a greater
value and external heat sources are present the temperature level
can rise.

However, also this changed situation is no exclusion criterion,
because the oil supply temperature can easily be reduced by
technical devices and so the bearing temperature can cool down to
the here shown temperature levels. However, for the application of
bearings exposed to centripetal accelerations it is important to keep
in mind such negative influences.

It has also been shown that, despite the high accelerations, a
sufficient lubrication and cooling of the roller bearings is possible
and that the lubrication oil can consequently fulfil its function.
However, with rising accelerations a greater oil flow rate is
necessary. The flow rate is 10 times higher than in normal
applications. Consequently applications under the influence of high
external accelerations need a higher oil turnover. Therefore, the oil
pumps need more energy and the entire oil quantity of the
lubrication system rises. If the oil feeding system can be designed
appropriately, the acceleration can cause a self-regulation effect of
the oil throughput. The positive result of this effect is that the
cooling effect rises with an increase of the acceleration and so the
bearing temperature remains constant or nearly constant.

Therefore, the centripetal acceleration has no influence on the
bearing temperature and is no setting parameter for the bearing
temperature. A readjustment of the oil flow rate with a rise of the
acceleration is not necessary and so the power of the pumps can
remain constant. This behavior requires a sufficient distance
between nozzle and injection point of the test bearing and the flow
indication arrow of the oil flow rate has to point into the direction
of the acceleration vector. A similar design of the lubrication
system, which uses the centripetal acceleration to lead the oil to the
lubrication points, can be found in the patents [17, 18]. The
lubrication systems of these designs are not exactly the same as
those of the test rig, but could be optimized in this direction.



David Hochrein et al. — Bearing Journal Vol. 3 (2018) page 57 — page 69

The influence of the relative speed of the specimens is the same
with bearings under normal conditions without centripetal
accelerations. The temperature rises with an increase of the relative
speed.

The variation of the oil flow rate showed a significant influence on
the bearing temperature. The determination of an appropriate oil
flow rate is a function of several parameters and can vary
considerably depending on the present application. For the tested
specimen an oil flow rate of at least 0.5 I/min is considered to be
appropriate in order to reach a maximum cooling of the roller
bearing. But of course on the other hand it has to be considered that
there is almost a maximum of the frictional moment for this value,
like shown in figure 1-17 and 1-18. That is one reason, that there is
no further reduction in temperature like shown by the increase of
the frictional moment. The additional friction energy is emitted in
the form of heat, so there is no longer a further decrease in
temperature if the value is exceeded.
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Abstract — This paper presents the current state of research in the field of false brinelling and standstill marks on roller bearings. The main
topic will be the differences between brinell marks (due to plastic deformation), false brinelling marks (due to small swivel movements)
and standstill marks (due to vibrations, micro movements). Furthermore, a simulation model will be used to show the occurring slip and
frictional work in the reciprocating contact spot.

From the authors’ point of view, it is scientifically necessary to clearly differentiate these different load conditions from one another, since
different sources of causes are responsible and different mechanisms act in the contact zone between raceway and roller.

This research work is becoming increasing relevant in connection with wind turbines due to the fact that the newest control technologies
such as individual pitch control (IPC) lead to more critical parameters for the pitch bearings. However, the topic is also still relevant for the
“classic” areas such as hydraulic applications, automotive components, construction machinery and numerous applications in special
machinery.

In addition, the problem of machine transport with vibration excitation is still not solved. Especially the transport of cars or machines in
new market areas (especially cold regions with poorer infrastructure) gives cause for concern.

Keywords — False brinelling, standstill marks, critical dither angle, vibrations, roller bearings

1. Introduction therefore the high number of revolutions per minute, where
standstill marks lead to a significantly reduced lifetime of those
bearings.

One big problem is that the term “false brinelling” is not clearly
defined and in science and literature covers a wide variety of
damage symptoms, which are partly caused by different
mechanisms [4]. Beside special damage due to -electrical
continuity, electrolytic corrosion and mechanical reasons such as

The first time false brinelling is mentioned was in the 1930s. It is
reported that new automobiles that were transported by ship or train
for delivery showed severe wheel bearing damage when they were
unloaded. On further inspection, it turned out that many wheel
bearings showed periodical marks in the raceways. The damage
was probably traced to rocking of the cars by the vibrations of the
large diesel engines on the ships or the regular impact every time a : ) - ; )
railroad car wheel passed a track joint. These conditions led to the scoring or plastic deformation, the wear symptoms in tests with

first false brinelling research work of ALMEN at General Motors micro oscillation differ significantly from the tests with relatively
[ wide oscillation movements in the range of above two times the

half contact width (in our test scenario > 1°), as in the normal
laboratory testing methods such as the Fafnir or SNR-FEB2-test.
Such macroscopic oscillation movement leads to typical “real”
bearing processes and not to the micromovements which occur and
are particularly problematic with seemingly motionless bearings
(see Figure 3). This results in incorrect input in the development of
improved materials and lubricants [4].

Although the auto-delivery problem seemed to be solved, there are
many other examples. Generators or pumps may fail or need
service, so it is common to have a nearby spare unit which is left
off most of the time but brought in to service when needed.
Surprisingly, vibration from the operating unit can cause bearing
failure in the unit which is switched off. When that unit is turned
on, the bearings may be noisy due to damage, and may fail
completely within a few days or weeks even though the unit and its
bearings are otherwise new.

As long as lubrication in the contact zone can be ensured,
oscillating motions can be calculated by ISO approaches by
modifying the equivalent load rating or the equivalent load [5].
Depending on the amount of the pivoting angle, different
approaches are available. HARRIS et al consider two different
angles. The critical angle ©cit (Figure 1) is the angle of the inner
raceway relative to the outer raceway when one rolling element
touches but does not overlap the raceway portion of an adjacent
rolling element. Furthermore, the dither angle Ouith.

Figure 2) represents the relative movement of inner and outer
raceway that results in such a small motion of the rolling element
that parts of its contact ellipse will always stay in contact [6].

As already mentioned in the abstract, the problem of car
transportation also recurs, as new production sites and markets’
infrastructure have last century conditions, and in some cases
unfavourable climatic conditions prevail.

In addition to the field of wind power plants already mentioned [2,
3], we expect future problems in the area of hybrid and electric
vehicles. In hybrid vehicles, as a result of the internal combustion
engine or range extender, there is a high vibration load on the roller
bearings of the electric motor. Additional problems are the dynamic
driving vibrations due to the high speeds of these electro drives and
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While the definition of ©Ocit is only dependent on geometric
parameters, Ouith is a function of the size of the Hertzian contact
ellipse and therefore is dependent on the applied load. In Schwack
et. al. the proposed equation Ocrit was [7] applied to a wind turbine
pitch bearing with a pitch diameter of 4650 mm, which is designed
for a generic 7.5 MW wind turbine. For this bearing Ocrit was 2.5°.
The analysis of the pitch cycles showed that when pitch is active,
35.9% of the pitch amplitudes were smaller then Ocrit.
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Figure 1 Definition of the critical angle [5]

Figure 2: Definition of the critical dither angle [5]

Figure 3 shows the influence of different tilting angles on the
rolling path for the typical test bearing type 51206 for SNR- and
standstill tests.

Figure 3: Sketch of the influence of the swivel angle on the contact zone; the specified numerical values apply to the standard conditions
and the bearing type 51206; Parameters 750 N/ball; max. Hertzian contact pressure about 1.66 GPa

Grease is usually used in the referred applications. The greases are
optimized for operating conditions that result in the dynamic
stresses of highly loaded roller bearings. However what is needed
for these optimal operating conditions is continuous rotating
movements with an elasto-hydrodynamic lubricant film formation.
They are often not suitable for preventing wear under pivotal
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movement or micro movements caused by vibrations or very small
pivoting angles. In practice there are several test methods for
investigating false brinelling and standstill marks (e.g. ASTM D
4170 / Fafnir, SNR-FEB 2, HRE-IME vibration tester), but the
results neither correlate with the individual test methods in general
nor with the experience from practice. Often, these tests provide
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different results when using the same lubricant. This is not
surprising, however, if you take a closer look at the test conditions
of the individual tests, for example, the bearing pivots +/- 6 degrees
in the Fafnir test in the SNR test +/ 3 °. In the HRE-IME-riffle test,
the bearing does not swing at all, but is exposed to a pulsating axial
load. So it is not surprising that all test procedures test completely
different lubricant properties, although they seem to have the same
goal under the umbrella term "false brinelling test".

The Competence Centre for Tribology (CCT) at the University of
Applied Sciences in Mannheim has one special false brinelling
tester (Figure 4). The design is based on the SNR test rig but it has
been improved at different points, for example to test original
bearings under small angles. The test method and first results have
already been presented at different tribology conferences, for
example at the annual conference of the German association for
Tribology [8]. With this test rig all the main influence parameters
can be varied separately.

Figure 4: Test rig at the CCT Mannheim

The standardized test parameters in Mannheim are an oscillating
angle of +/- 0.5° and a load of 750 N/ball (Co/P = 5.2) for the
investigation of standstill conditions and the classical SNR-FEB2-
parameters for larger tilting angles (+/- 3°, 25 Hz, 8000 N). These
parameters are suitable to simulate real standstill effects and
bearings under small tilting actions. These two tests are the basis of
all comparative investigations.

In the contact between roller and raceway, base and counterbody
approach each other due to the normal force. Additionally,
tangential force is introduced through pivoting. When the pivoting
is sufficiently large, it leads to macroscopic rolling, a type of
movement caused by the overlapping of pure rolling and sliding, a
difficult concept to comprehend. At small pivoting angle
microscopic movement, a relatively complex process within the
contact zone, takes place. Such movement can be partially
compared to and explained by the effects of fretting. In this article,
the three damage types:

e “true” brinelling,
» standstill marks and
« false brinelling

are described in detail. In addition, instructions are provided on
how to reduce or avoid the respective damage.
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2. Descriptions and definitions

2.1. “True” Brinelling (plastic deformation, impacts)

Brinelling is bearing damage due to mechanical overload or shock
load during assembly or during operation. It is therefore not
tribological damage. However, when the bearing is placed in
service, the damaged area acts as a stress riser and the impacted
areas will spall/flake prematurely.

The dents arise purely due to plastic deformation when the yield
point of the material is exceeded. The typical marks have an ideal
elliptical shape and show no oxidation. Often the dents show raised
shoulders. In the marking you can usually still recognize the
original surface structure (Figure 5). The grease is not changed or
coloured around the contact areas Deformation marks arise due to
errors in assembly and mechanical overload.

Figure 5: Plastic deformation (brinelling) in the raceway of an
axial ball bearing (two different types of illumination)

If the load P is below the static load rating of the bearing (Cstat),
such damage should not occur during normal operation. Thus, one
of the most common ways that a bearing suffers true brinelling is
from impacts during installation. The solution here is to ensure that
all bearing fits are properly maintained. Mounting errors and higher
shock loads should always be avoided.

2.2. Standstill marks, fretting

If a tangential force is added in addition to the static normal load
due to elastic deformation or an initiated pivoting movement,
micro-sliding movements occur in the contact zone between the
rolling element and the raceway.

This effect was mathematically described independently by
MINDLIN [9] and CATTANEO [10] in the middle of the last
century. Considering two axially parallel cylinders under a constant
normal force P with superimposed constant shear force Q

(Q < u*P), a static friction zone within the contact surface can be
identified, whereas the edge slides partially. This is due to the fact
that shear stress at the edge is indefinitely high and normal pressure
tends to zero. Therefore the no-slip conditions close to the edges
are not fulfilled which leads to partial sliding. With a gradual
increase in shear force under constant normal force, the static
friction zone decreases. Macroscopic sliding takes place once Q
exceeds the product of pP (value of static friction). Reversing the
applied load will result in less shear force but the derivation is not
directly reversible. The same applies if the normal force increases
or decreases. The influence of normal and tangential forces has
been explicitly investigated in the paper of MINDLIN and
DERESIEWICZ [11].
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However, MINDLIN and CATTANEOQ investigated a purely linear
tangential motion. In a rolling bearing, the movement is more
complicated because the rolling elements go into a rolling motion
at a sufficiently large pivoting angle.

Figure 6: Stick and slip zones in contraformal point or line contact;
sketch based on [9]

JOHNSON developed contact models for rolling contacts in a deep
groove ball bearing on the basis of these considerations for purely
translatory movements [12].

Elastic deformation in the contact zone can lead to micro-sliding
too under the condition that both bodies have different elastic
properties. Under this condition, free rolling forms stick and slip
zones within the contact zone. In the case of standard rolling
bearings, both the rolling elements and the raceway have elastic
properties which are nearly the same, so this point does not have to
be considered. However, this does not apply to hybrid bearings,
which are ceramic rolling elements in steel raceways.

With both the base body and counter body having the same elastic
properties, stick and slip zones will form when a ball under normal
loading rolls freely (without acceleration or deceleration) along a
running groove due to the conformability in one direction. Under
these circumstances, the area of contact is elliptic. The points on
the area of contact have different track radiuses and circumferential
velocity, proving that partial micro-sliding exists. Only two lines in
the contact area showed pure rolling with sticking (Figure 7).

Figure 7: Stick/Slip zones in elliptical contact of a ball in a deep
groove ball thrust bearing [12]

A lower coefficient of friction and/or a high conformability will
lead to a larger sliding area.

These theoretical approaches can be found clearly in the contact
zone of practical standstill experiments. The contact area can be
divided into different zones, some of them optically discernible
(Figure 8). Clearly visible are the undamaged adhesion zone in the
centre of the marks (inner ellipse) and the damaged microglide or
partial slip zone (between the inner and middle ellipse). This
correlates with results under linear oscillated sliding (fretting test)
of e.g. SUNG-HOON and SEOK-JU [13]. However, what also has
to be considered is that the type of the movement is not the same
because of the additional rolling part. At closer observation an
outer zone, known as the influence zone can be discerned. The size
of this outer ellipse correlates with the calculated Hertzian contact
surface. In some cases this area shows a smoothing of the surface
or colour changes that could indicate chemical reactions between
the lubricant and the material. There is no relative movement in the
centre of the elliptical mark (nonslip region or stick zone). Both,
the base body and counter body adhere. On the edge, however,
there are micro slip movements and local tension peaks which are
caused by elastic deformation, bearing movements or shifting of
the pressure centre, and these can cause extensive surface damage
(Figure 9).

Figure 8: Different zones within the Hertzian contact area; Length 1.82 mm; width 0.32 mm; max contact pressure 1.66 GPa
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The extreme damaging effect of small movements in false
brinelling contact can be estimated by studying different contact
models [12]. In the case of a constant surface load with
superimposed constant tangential force at the beginning and end of
the contact surface infinitely high stresses theoretically arise. These
are released in practice by micro movements. At the boundary

between sticking and sliding, cracking may occur due to the high
local stresses, which is clearly shown by FIB images of standstill
marking (Figure 10).

Figure 9: Typical standstill mark with low tribooxidation but severe disruption

Figure 10: FIB-Preparation of an outer glide zone. Left picture: FIB crater, right picture micro structure with a crack in detail [14]
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2.3. False brinelling

Larger swivel angles which open the contact zone cyclically, lead
to other damage and a different damage development. PHANER-
GOUTORBE et al. investigated the surfaces of false brinelling
marks with the help of a scanning tunnelling microscope (STM)
and documented the changes [15]. Current research at the
Competence Centre shows similar damage developments and
mechanisms [16].

The images shown in figure 11 and figure 12 are each individual
experiments. The experiments were not continued again. This
would lead to strong distortions.

Looking more closely at the markers in the SEM, complex damage
mechanisms can also be seen within the contact area (Figure 12).
The pictures show that at the beginning of the damage there is a
plating-on of partially oxidized wear particles. This layer formation
decreases with time and is only occasionally recognizable after 30
minutes. Instead, the typical wear recess is formed. In this trough
massive multidirectional material shifts occur. On the edge of the
mark you can see plastically deformed material due to local
pressure increases caused by the wear particles resulting in tensions
that are above the yield point of the material.

Figure 11: Development of typical false brinelling damage over cycle number (24 cycles per second). Clearly visible is the colouration of
the grease by generated wear particles, the thickening and the failure after 300 min
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Figure 12: SEM pictures of the wear mark of a typical SNR-run with a poor grease (magnification 250x); travelling path of the ball under
these conditions about +/- 0.5 mm

3. Influence factors

3.1. Lubricants

For the theoretical consideration of the possible damaging effect of
certain operating states, various factors must be taken into account.
One of these is the lubricant used, which has a significant impact
on the individual wear mechanisms. For example, there are
lubricants that are prone to severe tribo-oxidation or others that are
more likely to show adhesive damage.

The following pictures show the influence of the base oil on the
signs of wear within the standstill marks. All tests were conducted
with standard test parameters for standstill conditions.

Materials 100Cr6, raceway grinded, balls polished, hardened 60 —

62 HRC, normal load 750 N per ball means a max. Hertzian contact

pressure of 1.66 GPa, a contact area of 1.82 mm by 0.32 mm and a

traveling path of the ball of approx. +/- 90 um. For oils, it must be Figure 13 Representative standstill mark after a 6-hour test with
assumed that the contact points are always supplied with sufficient mineral oil (1ISO VG 32)

lubricant so the risk of starvation is significantly reduced. These

tests took 6 hours and were a bit longer than typical grease tests

(2.3 h).

Depending on the lubricating effect of the oil used, it leads to higher
lubricity and thus less damage due to disruption. The ester shows
clear advantages over the PFPE. Mineral oils showed quite good
results with little advantages for paraffinic-based oils. The results
of PAO were poorer than that of mineral oils [16].
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Figure 14 Representative standstill mark after a 6-hour test with
PFPE oil

Figure 15 Representative standstill mark after a 6-hour test with a
TMP ester oil

These tests show once again that the viscosity does not have much
influence at these small pivoting angles. In the SNR test with a
swivel angle of +/- 3 © and thus the cyclic opening of the contact
point, oils never showed any damage after the standard test period
of 50 hours.

Generally, there are very few scientific results published by the
lubricant companies. An interesting work comes from the company
Lubrizol, which in 2010 conducted a study on lubricant
developments for false-brinelling conditions, The laboratory tests
were carried out on the Fafnir test rig according to ASTM D 4170
(pivoting angle +/- 6 °; 2450 N, 30 Hz, 22 hr, room temp.). A
history of the analysed 478 tests shows the distribution of the
results:

« 36 grease samples had very good results (<1 mg);
« 62 samples ranged from 1 to 2 mg.

« Mass losses above 2 mg below 5 mg still reached by
113 greases.

« 141 samples showed extreme wear of over 10 mg.
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Historical Test Data — 478 results
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Figure 16 Overview Fafnir-test results acc. ASTM D 4170 at the
company LUBRIZOL [17]

1<xs<2mg 2<xs5mg 5<xs10mg >10 mg

This shows that lubricant developers are quite successful in
developing greases for these conditions. The company KLUBER
reports in [18] on their efforts to develop lubricants that help
against standstill damage and false-brinelling damage. These
investigations also confirm the significant influence of the swivel
angle on the resulting damage and the effective wear mechanisms.
KUHN shows that under standard SNR-FEB2 conditions (+/- 3 °)
the base oil viscosity has a significant influence on the damage. For
oils below 180 mm?/ s the oil flow behaviour and thus the additive
transport are much better than with higher viscous base oils. The
same applies roughly to the NLGI class.

In tests carried out by KLUBER, a grease of NLGI grade 2 shows
massive wear, which decreases markedly in the case of a class 1
grease and, with suitable additives, can be reduced to almost zero.
This approach shows no effect at low angle and low frequency
standstill conditions. This, too, correlates with the results obtained
at the CCT Mannheim. KLUBER can prove that a suitable additive
(in combination with solid lubricants) and the use of special
pretreatment fluids work well at larger tilt angles. In addition to the
improved oil flow behaviour what probably also helps is the greater
energy input to activate the additive chemistry.

3.2. Ball material, coatings and raceway roughness

For hybrid bearings you have to consider the modulus of elasticity
of the ceramic rolling elements. At higher modulus of elasticity
(e.g. silicon nitride >SisN4 with an E-modulus of 320 MPa), the
maximum pressure increases significantly and the contact area
becomes smaller. Thus, the ratio of the rolling path to the contact
width changes. The slip distribution in the contact zone also
changes. There are also certain advantages due to the lower
adhesion tendency of the steel / ceramic pairing. For the same
modulus of elasticity (e.g., ZrO2 with an E-modulus of 205 MPa),
the positive effect on the somewhat lower adhesion tendency is
reduced. Damage to the steel tread due to tribocorrosion is virtually
eliminated.
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Figure 17 Representative standstill mark after a 1.3 hours test (24
Hz, 750 N/ball) with a wheel bearing grease and SisN4-balls.

Random tests were conducted to examine the effect of different
coatings. Carbon nitride coatings could not withstand the applied
load under standstill conditions. A DLC coating however showed
excellent results, and this feature certainly has a large potential for
development. The drawbacks are the high cost and the fact that the
coatings have to be sufficiently wear-resistant in normal operation.
Black oxides raceways were tested in the SNR-FEB2 test with
several greases and showed little improvement compared to
standard bearings.

The effect of the raceway roughness could just be tested with hand-
prepared bearings. In tests under standstill conditions, rougher
raceways showed advantages which could be explained by the
better lubrication conditions. The deeper roughness valleys can
store the lubricants better and can provide more lubricant where
necessary. The higher local compression at the roughness peaks
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may also have a positive effect on partial sliding. Under SNR-
FEB2 conditions we found no influence of the raceway roughness.

3.3. Temperature

Temperature has a major influence on the flow behaviour of the
lubricants used. Since the flow behaviour is more critical at larger
pivoting angles due to the windscreen wiper effect, the influence of
temperature at these kinematic conditions is also significantly
higher. This is also shown in all the test series at the CCT
Mannheim. In almost all tests the damage increases with decreasing
temperature. We know of no grease that at -10 ° C in the SNR test
does not fail after a maximum of 5 hours (instead of the 50 h).

3.4. Kinematics and slip within the contact zone

In a first project phase at the CCT, all the main values of the load
collective were varied separately. This revealed that normal force
is only of secondary importance. Damage increases with increased
normal force, but not as much as may be expected. The effect of
oscillation frequency is also less marked than expected. The
damage increase observed when the frequency increases may also
partly originate from higher mass changing forces. These
frequencies are normally not high frequencies, such as those
occurring with electromagnetic stimulation. This is a field that we
have not been able to examine as the test bench only allows a
maximum frequency of 25 Hz.

From a mechanical point of view, contact pressure plays a major
role. However, the two decisive variables in our view are the
pivoting angle and the slip distribution in the contact. The slip
within the contact surface consists of three individual components:
macroscopic slippage due to inertial forces during acceleration
processes (roller slip / cage slip), which prevent ideal rolling; the
spin slip as a result of the radial extent of the contact zone and a
portion of differential slip (micro-slip or Heathcote-slip) due to the
elastic deformation and the formation of the real contact surface.
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Figure 18: Comparison of the influence of the pivoting angle with different greases after 117 000 load cycles and a normal load of 750 per

ball. For a description of the greases see table 1

Table 1: Data and description of the used reference greases

2_ | 2% o)
B8LIBFT| 0 e,
OE| o E|Y 29
2|2 E| o 3 S
Label Thickener Base oil Additves |2 = |2 | 2| § & Typical application
S5 |0 | O o
oY |l0g |2 oz
20 (2g|° 5
[a] [a4] @ [t
. . . : . High speed journal and roller bearings;
FH630 Li-12-Hydroxistearat Mineral oil naphth. | EP, Corr.; AO 24 4 1 40/ 80 locks
FGL1 Lithium complex grease | Mineral Oil naphth. no inform. 64 9 1 -40/120 Roller bearings; linear guides
AL460 Lithium/Calcium-soap Mineral oil EP 460 28 2 no inform. H|gh|y. Ioade_d .roller !)earlng;
(construction, mining, wind turbines)
KK301 Lithium soap PAO no inform. 300 23 1 | -aos120 | Highly loaded roller beraings with low
speeds; vibrational loaded bearings;

3.5. Simulation of false brinelling

Information about slip, pressure and frictional work in the contact
zone can help to understand the occurrence of wear in reciprocating
contacts. The Institute of Machine Design and Tribology developed
a finite-element simulation model to predict the contact behaviour
in oscillating ball bearings [19].

A schematic representation of the model can be seen in Figure 19
for an angular contact ball bearing. The model simulates a ball
between the two segments of bearing rings in motion. The inner
ring segment is fixed at all degrees of freedom while the motion
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and load act on the outer segment. The rolling element between the
two segments is guided by contact forces, which in turn are
governed by contact geometry and kinematics. The coefficient of
friction needs to be estimated for the model. In literature, several
estimations and measurements for the coefficient of friction under
different operating parameters and with different lubricants can be
found [20, 21, 22]. Similar models can be found, for example in
Ref. [23].

When predicting slip in the contact, special attention is paid to the
meshing in the contact zone. The relative displacements between
the nodes are calculated. The contact pressure is calculated as well.
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The model is designed completely parametrically, thus allowing
the analysis of several bearing geometries.

Figure 19: Schematic representation of the simulation model for a
ball bearing

The calculated sliding displacements between the nodes can be
used to determine the frictional work density w, for each element
through the multiplication of the sliding displacement wu, the
coefficient of friction u and the contact pressure p:
Wg=u-p-p

The frictional work determines the work which is transferred into
the near surface due to friction forces and slip and is therefore an
indicator to estimate wear in oscillating applications by comparison
with experimental results. Primarily the shape and distribution of
the frictional work density are compared with the shape of the
damaged area. Furthermore, the maximum values of the frictional
work density can help to understand the wear rate in contact. A
detailed review of the frictional work can be found in Ref. [19]
[24].

Figure 20 shows the simulative results for the operating conditions
for the experiments shown in Figure 18.
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While the bearing geometry had equal properties for all simulations
and experiments, the pivoting angles were varied. The simulative
results in Figure 20 show the maximum value of frictional work
density for each pivoting angle. All simulative results were
achieved with and estimated coefficient of friction of 0.15 and 0.30.
As expected, an increasing amplitude as well as an increasing CoF
leads to higher values of the maximum frictional work density. The
typical shape of the damage can be found in the simulation as well.
Due to the superposition of spin and Heathcote-slip, the damage is
most pronounced in the upper half, since spin and Heathcote-slip
have the same direction. This behaviour can be found in the
simulations as well as in the experiments.

After the starting points of the pivoting only a minute amount of
frictional work is dissipated. Subsequently, the frictional work
steadily increases while additional elastic deformations build up.
To a certain amplitude, the displacement is mainly accommodated
by tangential elastic deformations, leading to a linear increase of
the specific frictional work density. Beyond this amplitude, sliding
sets in and the tangential force and thereby the frictional work
density stays constant. For the given operating parameters, this
phenomena starts to occur between pivoting angles of +0.5° to
+0.75°, depending on the CoF. The conditions at this point are
similar to conditions during continuous rotation.

The CoF is highly affected by the lubricant and the operating
parameters. Furthermore, the number of cycles affect the CoF since
lubricant may be squeezed out of the contact so that the lubricant
cannot separate the surfaces from each other any further [25].
Therefore, best comparisons between simulative and experimental
results are achieved for dry contact conditions and few cycles. For
lubricated contacts, the results fit well when accurate information
on the CoF is known. Nevertheless, the archived simulative results
show good agreement with the experimental results shown in
Figure 18. The shape as well as the position of the maximal
frictional work density fit with the shape of the damage and the
position of the maximal wear rate. The closer the experimental
conditions lead to dry contact behaviour, the more the comparison
agree with the simulative results.
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Figure 20: Frictional work density for different pivoting angles

Figure 21 shows a comparison between experiments at the Institute
of Machine Design and Tribology and a simulative result. For the
experiment an angular contact ball (7208) was used. The number
of cycles in the experiment was set to 100, 1000 and 10000. For the
experiment, grease lubrication was used and the simulative CoF
was 0.3. The simulative results show good agreement for 1000
cycles, when wear begins to develop. For increasing numbers of
cycles, the shape as well as the maximum of frictional work concur
with the shape and the wear rate of the damaged area. Progressing
wear rate makes the comparison harder.

Figure 21: Comparison of experimental and simulative results for
an angular contact ball bearings for 0.1° and 600 N rolling
element load.

The slip is one main cause for the formation of wear. A detailed
study of the relative slip in contact was conducted for a pivoting
angle of +£0.5° and +1.0° with a CoF of 0.3. The bearing geometry
of the experiments in Figure 18 was used.
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The results of this analysis are shown in Figure 23. Each contact in
the figure represents a characteristic point during the oscillation.
The first contact represents the slip right after the oscillation. The
oscillation progresses until right before the reversal point. The
arrows in the figure show the direction of slip.

Figure 22: Maximum relative displacement while pivoting

The images show clearly the already described superposition of
spin and Heathcote-slip.
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The dominance of the spin-slip becomes visible from the variation
of slip directions. The areas without relative movement can be
recognized as well, since no arrows are shown in these areas. For a
pivoting angle of +1.0°, the effect of elastic deformations is visible

Figure 23: Value of slip for £0.5 (top) and +1.0 pivoting angle (bottom)

Furthermore the direction of maximum slip in the annulus area of
the contact zone is perpendicular to the longitudinal axis of the
contact area. The value of slip shortly before the reversal point is
shown for both pivoting angles in Figure 22.

4. General information

In the following, we would like to mention two other points that
would be important to compare the results of global research better.
It is no longer necessary to mention, hopefully, that in the
presentation of test results, all sizes of the load collective and the
description of the elements of the tribosystem must always be
given. Without these full details, the results are not scientifically
assessable.

4.1. Referenced pivoting angle

Due to the fact that bearing diameters in different application vary
strongly, the swivel angle should always be converted to a rolling
path for reasons of comparability. This path must then be related to
the contact surface width. HARRIS et. al designate this critical
angle as a "critical dither angle”. Similar to HARRIS, we suggest
calculating the ratio of the Hertzian contact width to the rolling
path.

The relationship between the path travelled by the rolling elements
() and the width of the contact zone (2-b) is the appropriate
criterion.

For values above 1, the contact zone is revealed.
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when comparing the last two images. It can be seen that the area
without relative slip is nearly identically.

In our standard test with the bearing 51206 and a swivel angle of
+/- 0.5° calculation results in a value of 0.56.

Experiments have shown that this is a particularly critical area.

4.2. Objective value for the damage classification

So far, the objective description of the damage in standstill
markings is still a big problem. Since the markings look very
different depending on the boundary conditions and the lubricant,
an objective evaluation is difficult. A good approach could be to
consider the change of the Sa value. If one compares the value
determined within the mark with the original value for the
undamaged trace, one obtains a characteristic value which, thanks
to the averaging, does not react too sensitively to individual points,
but is nevertheless sufficiently sensitive.
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5. Possible Solutions

In the following, solution approaches for the three damage
mechanisms brinelling, false brinelling and standstill marks are
summarized (true brinelling only in the graphical overview in
figure 24).

5.1. False Brinelling:

The damage progress is mainly influenced by the flow

characteristics of the oil or grease. This explains the advantage of

oils compared to greases and the bigger problems at low

temperatures

e  Greases with a low NLGI-class, low base oil viscosity and
high oil separation have best results.

e Classical EP- and AW- additives and solid lubricants show a
positive effect.

(See results of the company Kliiber Lubrication presented at the
VDI-congress “Roller bearings” 2015 in Schweinfurt [17] or

Figure 24: Overview and suitable solutions
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results of several industrial projects at the Competence Centre for
Tribology).

5.2. Standstill Marks:

e  The flow characteristic of the grease plays nearly no role.

e  EP or AW-additives show no effect. Corrosion additives seem
to have a certain effect.

o Different base oils show completely different results. Fluids
with a good lubricity and low friction such as ester oils reduce
the stresses [16].

e Until now, there is no grease that is able to protect surfaces
completely from damage. However, it can have a big
influence on the development of the damage.

Best results were achieved with greases based on mineral oil
and thickened by Lithium soap [16].

e  Hard coatings seem to be a suitable but expensive solution.
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6. Conclusions

False brinelling and standstill marks are created by the
interaction of different mechanisms in the contact zone:

e The lubricant is literally pushed out of the friction area by
micromovement and high local pressure. This leads to a lack
of lubricant and the typical wear mechanisms of abrasion and
adhesion.

e The micromovement activates the surface energy (in
particular the microcontacts on the surface asperities). This
leads to tribo-chemical reactions down to a depth of several
nanometres. Protecting layers on the surface are removed.

* Microcracks not detectable on superficial inspection are
caused by load changing on the surface. When exposed to
further load, these cracks result in more extensive and deeper
particle break-off.

The three damage mechanisms described above cause the
production of wear particles and reaction products which are not
pushed out of the contact area due to a lack of “real” relative
movement and thus have a strong abrasive effect. This
phenomenon correlates with the formation of fretting corrosion
(tribo-chemical corrosion) and normally leads to damage
progression and deep indentations which cover the traces of the
original damage mechanism. In further damage progression and
bearing rotation there are additional wear mechanisms (in
particular abrasion and surface disruption), which overlap and
add to the covering of the real cause of damage. Depending on
the predominance of one or several of the mechanisms described
above, there are different types of standstill marks.

The predominance of one mechanism depends on the load
conditions — and within these mainly on the oscillation angle.
Another damage factor with strong influence is the lubricant
used.

Due to their better flow properties, oils are in general more
effective than greases in preventing damage due to lack of
lubrication. Oils may also be more suitable when it comes to
preventing tribo-chemical corrosion, as oils achieve more
reliable surface wetting and thus prevent the formation of dry
friction oxides (Fe203), which, due to their abrasiveness, lead to
quickly progressing damages. However, most typical roller
bearing applications need greases as lubricants.

It is absolutely necessary to differentiate different damage
phenomena in dependence of the boundary conditions in order to
make the right decisions for the solution of the problem.
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Abstract— The influence of dynamic load conditions (multistage radial load and oscillating rotational speed) on the formation of White
Etching Cracks (WECSs) was studied by using the new test bench “PWD4”.

In preceding investigations NU222 bearings were tested at Schaeffler under periodically variable radial loads but without any electrical
current flow. In these tests WECs were reproducibly generated on the outer rings due to hydraulic churning losses and moderate cage slip

values.

On the PWD4 test bench WECSs could be produced on the outer rings of NU215 bearings also under low cage slip of less than 1%. The
damage pattern was similar to the bearings NU222. The low cage slip and the circumferential position of the WEC indicate that roller slip

was the main cause for the WEC formation on the outer rings.

When applying similar test conditions to cylindrical roller bearings with brass cage and increased clearance, cage slip went up. This setup
led to severe WEC formation on the inner ring. These results indicate that cage slip is an essential influence parameter for the WEC

formation on inner rings of roller bearings.

Keywords — White Etching Crack, White Etching Area, slip, rotational oscillation, roller bearing

1. Introduction

Rolling bearings made of common bearing steel fail in some
applications e. g. wind turbine gearboxes with White Etching
Cracks (WEC) before reaching their calculated rating life (Evans
[4], Stadler, et al. [3]). The premature failures of roller bearings in
planetary gears can be found at different positions, such as the
planets bearings, intermediate shaft and high-speed shaft bearings
(Stadler, et al. [3]). In these cases the WECs mostly occurred on
bearing inner rings. Until now the mechanism responsible for WEC
formation on inner ring is still in discussion. A hydrogen uptake of
the steel during operation due to additional loads like electrical
current flow (Loos, et al. [14]) or high friction energy in the rolling
contact (Tarigan, et al. [1], Loos, et al. [2], Kruhéffer, et al. [9],
Ruellan [7], Greco, et al. [5], Gould, et al. [6]), are currently
considered as the most likely WEC root cause. It has also been
observed (Rumpf [19]), that primary spheroidised carbide
disintegration may play a key role in the formation and
development of white etching microstructure in both WECs and
white etching bands.

To investigate the influence of slip on the life of roller bearings,
bearing tests with type NU222 were carried out by Schaeffler on
the R4G test rig (Loos, et al. [2]). The cylindrical roller bearings
NU222 were run with a constant rotational speed under alternating
high and low radial load. To increase the friction energy, the roller
bearings were supplied with a large oil supply rate. Overlubrication
(Q > Qiimit) closely linked with high splashing losses causes high
roller element slip and high cage slip during the low radial load
phase.

The bearing tests were conducted under good lubrication condition
(viscosity ratio xk=4.2 = v/vi) with a typical wind turbine
transmission oil (Loos, et al. [2]).
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Figure 1-1: WEC formation on outer ring of the NU222 bearing
with brass cage on R4G test rig

In these bearing tests WEC formations could be generated
reproducibly on the outer ring of the NU222 without additional
electrical current. WECs appeared uniformly in two zones (inlet
and outlet) with each circumferential width 25° and located 25°
before and after the maximum load zone (Loos, et al. [2]), see
Figure 1-1. Rolling elements and inner rings showed no WEC
formation.
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2. Experimental procedures

2.1. PWD4 Test rig

Based on load conditions of bearings in wind turbine gearboxes, a
new PWD4 test rig was designed, that enables testing of roller
bearings under a combined highly dynamic load (radial load and
angular acceleration). On the PWD4 test rig four roller bearings
type NU215 can be run simultaneously with following combined
loads (Tarigan, et al. [1]):

- Radial load: The test bearings can be loaded statically
and dynamically up to a maximum load of Fr = 100 kN.

- Angular acceleration to increase the slip respectively the
friction energy: The roller bearings can be driven with
dynamic rotational speed and oil supply overlubrication
(Q > Qiimit).

Figure 2-1: Side view of the PWDA4 test rig

The PWD4 test rig consists of a double oscillator (a drive motor
and a servomotor), see Figure 2-2. Both motors are connected by a
long torsion shaft. The drive motor can run the drive shaft with
constant rotational speed up to a maximum of np = 2600 rpm and
the servomotor induces a superimposed dynamic rotational speed
with a maximum amplitude of ns=>500 rpm (dynamic) at a
constant frequency of f = 55 Hz. This sinusoidal function enables a
maximum twisting angle of approximately fmax = +/-6°.

The twisting angle was determined in preliminary tests and
measured by means of strain gages. Qmax corresponds to a dynamic
speed of ns = +/- 500 rpm. Since the tests presented here were
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carried out at +/- 400 rpm, the maximum torsional angle was not
completely reached. The PWD4 test rig was designed for a total
rotational speed of nt = 3000 rpm resulting from the sum of static
and dynamic rotational speeds (see Figure 2-2).

Figure 2-2: Dynamic rotational speed on the PWD4 test rig

2.2. Influence of cage material and clearance on cage slip under
static and dynamic rotational speed

Two cage types (polyamide and brass) and two bearing clearances
(4s1 und 4s2) were used for the bearing tests on the PWD4 test rig.
The influences of different cage materials and bearing clearances
under static and dynamic speed rotation on cage slip for low radial
load levels are illustrated in Figures 2-3 and 2-4.

The roller bearing NU215 with polyamide cage and small clearance
(green lines) showed low cage slip (~ < 1%) under constant
rotational speed of no = 2600 rpm as well as under dynamic
rotational speed of (no = 2600 rpm, ns = 400 rpm and f = 55 Hz).
These conditions induced a twisting angle of & less than 6° on the
inner ring. In contrast, the bearings with increased clearance (blue
lines) and brass cage (red lines) show a rapidly decrease in
rotational speed below a minimum load.

relative cage rotational speed [%]

radial load [%]

Figure 2-3: Influence of cage material and bearing clearance on
cage slip under static rotational speed no = 2600 rpm

The polyamide cage of the NU215 roller bearing has a lower mass
compared to the brass cage. These results give a hint that higher
cage slip can be obtained by increasing cage inertia and/or
operating clearance.
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Figure 2-4: Influence of cage material and bearing clearance on
cage slip under dynamic rotational speed (no = 2600 rpm,
ns = 400 rpm, f =55 Hz

In addition to the radial load Fr, operating clearance 4s, oil supply
rate Q and material of cage (mass), other parameters like oil
viscosity # and rotational speed n play a major role in cage slip
behaviour (van Lier [10], O’Brien, et al. [11]).

3. Results and discussion

In the scope of this work bearing tests were carried out on the
PWDA4 test rig with different configurations:

- Bearing type NU215 with polyamide cage and small
clearance 4s1 2

- Bearing type NU215 with brass cage and high clearance
452 2

3.1. Load condition

These two variants were tested analogous to the load conditions
(low and high load) which were set on the R4G test rig of Schaeffler
with roller bearing type NU222, [1], [2].

3.2. Analysing WEC formation

To detect the location of WEC formation in roller bearings without
destroying the rings, an ultrasound scan (frequency: 25 MHz) was
made. To visualize subsurface WECs, the entire circumference (0°
- 360°) of the inner and outer rings was scanned by ultrasound, see
Figure 3-2. The cross sections of the damaged rings were grinded,
polished and etched with 2% alcoholic nitric acid (nital), then
examined under reflected light or by raster electron microscopy.

3.2.1. WEC formation on OR with low cage slip

The roller bearings type NU215 with reduced operating clearance
4s1 and polyamide cage have always run under low cage slip (~ <
1%) and failed with a similar damage pattern as type NU222 (R4G)
with two WECSs zones on the outer ring (OR), see Figure 3-1.

a Standard values, no special manufacturing
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Figure 3-1: WECs formation on outer ring) of NU215 with
reduced operating clearance and polyamide cage

The WEC zones of roller bearing type NU215 were measured
unsymmetrically to the central load zone, 15° - 30° in the inlet zone
and 45° - 60° in the outlet zone. The inner rings and rolling
elements showed no WEC formation. The results of the bearing
tests with reduced operating clearance 4s: and polyamide cage
indicated that roller slip was the main cause of WEC formation on
the outer ring (Tarigan, et al. [1]).

3.2.2. WEC formation on inner ring (IR)

The bearing tests on the PWD4 test rig with increased operating
clearance 4sz and brass cage resulted in massive WECs formation
on the inner rings. Ultrasound scan identified subsurface WECs in
the entire circumference (0° - 360°) and axial width of inner ring
raceway, see Figure 3-2. WECs were found innumerous beneath
pittings as well as in areas where no macroscopic damage was
observed, see Figure 3-3. More than ten pittings distributed
completely on the inner ring were found, as shown in Figure 3-3

(top).

Figure 3-2: Ultrasound scan (frequency: 25 MHz) of first IR
failure with ten pittings on inner ring (IR). WECs formation is
illustrated by violet color (approx. 300um depth)
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Figure 3-3: Macroscopic damages on IR (top). Subsurface WECs
(depth of 100 — 360 um) without pitting on raceway (bottom)

Investigation by means of raster electron microscope analysis
showed that the cracks began from subsurface without any
identified initial damage positions. The outer ring (OR) and the
rolling elements of this bearing failure contained no White Etching
Crack (WEC).

The second inner ring failure showed WECs formation with a
circumferential width of 35° and a pitting with axial cracks on inner
ring (IR), as in Figure 3-5.

Although the outer ring had no macroscopic damage, WEC
formation appeared in the outlet zone with a circumferential width
of 20° and beneath the raceway at a depth of 150-340 um, see
Figure 3-4 (bottom).

Figure 3-4: WECs formation of first IR failure (top) with massive
pittings. WECs formation of second IR failure (bottom) with a
macroscopic damage on IR
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Detailed view by raster electron microscopy did not indicate non-
metallic inclusions in fractured surface. The rolling elements did
not have WEC formation. The results of bearing test type NU215
with increased operating clearance Asz and brass cage showed that
the inner ring becomes more WEC critical than the outer ring if a
certain elevated cage slip occurs.

Figure 3-5: Macroscopic damage on IR with axial cracks (top).
WECs formation beneath inner ring raceway (depth of
125 — 570 um) (bottom)

3.3. Weibull distribution

Figure 3-6 shows the Weibull distributions of all tested roller
bearings type NU215 (polyamide cage, small clearance As1 vs.
brass cage, large clearance 4s2) with WEC formation.

Figure 3-6 Life time of roller bearing type NU215 based on
Weibull distribution with WEC formation

Since the outer ring is stationary and the maximum load is acting
always at the same location (180 deg.), the OR damage occurs in
the load zone and earlier than the cage slip induced inner ring
damage.

The inner ring, on the other hand, rotates and frequently leaves the
highly loaded area, which results in a distribution of the damage
locations over the entire circumference of the inner ring. Therefore,
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although cage slip has a detrimental effect on the roller bearing
performance, WEC damage to the inner ring occurs later.

The elevated cage slip of the NU215 with brass cage and larger
clearance 4s; led to an increased sliding velocity v as well as
kinematic friction energy accumulation eg x;; on the inner ring
which provides an explanation for the higher WEC risk at the inner
ring (Kruhoffer, et al. [9], Loos, et al. [17]).

The occurrence of WEC damage was determined using
acceleration sensors placed on each rolling bearing. If a critical
acceleration amplitude or acceleration rise rate is exceeded, the test
is stopped and the abnormal rolling bearing was dismounted and
replaced by a new one.
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4. Conclusions and outlook

Cylindrical roller bearings type NU215 were tested on the new test
rig "PWD4”. To realize a high slip and a large friction energy
accumulation, the test bearings were run under rotational
oscillation and overlubrication causing elevated splashing losses.

The radial load conditions (two alternating load levels) of the R4G
rig (Schaeffler) with roller bearing type NU222 were adapted to
bearing type NU215 on the PWDA4 test rig. Two configurations of
roller bearing type NU215 were run on the PWDA4 test rig under the
same test conditions. The bearings with a reduced clearance and
polyamide cage have a little slip tendency and even no notable cage
slip (~ < 1%) at low radial loads. These test bearings failed due to
WEC formation on the outer rings. This and the position of the
WEC s indicate that roller slip is the main cause of WECs formation
on outer ring.

Further tests were conducted with increased clearance and a brass
cage. This configuration produced more cage slip in the low load
phase with and without dynamic rotational acceleration. Under the
same test conditions on the PWDA4 test rig, the samples showed
massive WEC and pitting formation on the inner rings. These
results give a hint that cage slip is an essential influence parameter
for WEC cause on the inner ring of roller bearings.
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Notation

€akin Friction Energy Akkumulation
f Frequency

no Rotational Speed of Drive Engine
ns Rotational Speed of Servo Engine
nr Total Speed

v Sliding Velocity

Fr Radial bearing Load

Q Oil Flow

Ds1,2 Bearing Clearance

k Viscosity Ratio

v Kinematic Viscosity

V1 Reference Viscosity

Qmax Twisting torsional angle

IR Inner Ring

OR Outer Ring

R4G Schaeffler Test Rig

PWD4 ITR Test Rig
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Abstract— Unintended current flow in rolling bearings can damage bearing components and lubricant. Various parasitic bearing currents
can cause ripples on the raceways or burned lubricants with significantly changed properties. This can lead to premature machine failures
in areas where variable-speed inverter-controlled electric motors and generators are used. To avoid such failures, the correct description of
the rolling bearings is an essential aspect for modeling the (electrical) behavior of electrical systems. Their behavior, in turn, strongly
depends on the properties of the lubricant (breakdown field strength, permittivity, conductivity, etc.).

In order to investigate these properties under realistic conditions in rolling contacts, two test benches were developed and set up at the
University of Kaiserslautern at the Institute of Machine Elements, Gears and Transmissions. With the first test setup, it was possible to
research the electrical-physical conditions in rolling contacts of rolling bearings as well as the role of the lubricant and the lubricant film
thickness for the current flow and resulting damages.

In order to determine the relevant lubricant properties and related damages precisely under real operating conditions, a further test setup
was developed and set up. A four-ball tester has been modified in such a way that current flow and electrical lubricant properties of an axial
groove ball bearing can be investigated for various operating conditions. The current flow at the individual contact was investigated and the
electrical lubricant properties were determined by impedance measurements. Also, lubricant and raceway damage mechanisms were
analyzed.

Keywords — electrical properties, bearing voltage

1. Introduction voltage Up divided by the common-mode voltage Ucm [7]. The
BVR not exceed 10%. This means that with an electric machine
running at 600V, 60V can cause damage to the rolling bearing.

EDM-currents can be observed, when the lubricant film between
the rolling element and the raceway cannot resist to the parasitic
voltage applied to the bearing and breakdown occurs. Generally, a
voltage builds up, which is characterized by its typical form (three
steps up, three steps down) with no high current. When there is a
breakdown, a voltage discharge process can be recognized and high
discharge current flows through the contact. [8]

To avoid such failures, the correct modelling of the rolling bearings
is an essential aspect for modelling the (electrical) behavior of
electrical systems. Their behavior, in turn, strongly depends on the
properties of the lubricant (breakdown field strength, permittivity,
conductivity, etc.).

Unintended current flow in rolling bearings can damage bearing
components and lubricant [1], [2].

Various parasitic bearing currents (recharging, EDM (electric-
discharge-machining), circulating-bearing and rotor-earth currents)
can cause e.g. ripples on the raceways or burned lubricants with
significantly changed properties [3]. The damages are presented in
Figure 1. This damages are typical for applications in the field of
railway technology, vehicle technology and electro-mobility, as
well as in many other sectors. The bearing failures can lead to
premature machine failures in areas where variable-speed inverter-
controlled electric motors and generators are used [4]. Frequency
converters are used to control the rotational speed of the electrical
machines. They generate a common mode voltage (Ucwm) by
superimposing three pulse-width modulated square-wave voltage
courses due to high switching frequencies of their semiconductor In order to investigate these properties under realistic conditions in
elements of more than 10 kHz. Due to the fast switching operations ~ rolling contacts, two test benches were developed and set up at the
of the insulated gate bipolar transistors used in the converters University of Kaiserslautern, at the Institute for Machine Elements,
(IGBT), steep voltage jumps occur on the clock edges. The very Gears and Transmissions. With the first test setup (two axially
fast voltage change results in high gradients in the output voltage ~ Preloaded angular ball bearings), it is possible to investigate the
of the inverter [5], [6], [7]. The voltage arriving at the bearing electrical-physical conditions in rolling contacts of rolling bearings
corresponds to the bearing voltage Us that occurs in the electric as well as the role of the lubricant and the lubricant film thickness
machine. The BVR (Bearing Voltage Ratio) describes the voltage for the current flow and resulting damages. An axially loaded
drop across the bearing. The BVR characterizes the capacitive bearing is tested under well-defined mechanical and electrical
voltage divider of the electric motor and is equal to the bearing ~ conditions.
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Figure 1: Bearing and lubrication damages, a) craters, b) riffles, ¢) and d) burned lubricant

As analysis parameters, the high-frequency time courses of bearing
current and voltage are evaluated with regard to the occurring
bearing current types and thus changes in the electrical and
tribological behavior. It was found that lubricant and lubricating
film thickness have a significant effect on the electrical behavior.
Rolling bearing and lubricant damage could be reproducibly
generated and assigned to the respective current types. [8]

In order to determine the relevant lubricant properties and related
damages even more precisely under real operating conditions, a
further test setup was developed and set up as part of the research
project FVAG65011  “Methodology for the practical
characterization of electrical lubricant properties to improve the
computational prediction of bearing currents” at the Research
Association Drive Technology (FVA). A four-ball tester has been
modified in such a way that current flow and electrical lubricant
properties of an axial ball bearing can be investigated for various
operating conditions. The electrical conditions at the individual
rolling contacts are investigated using a modified axial ball bearing
with one rolling element made of 100Cr6 and fourteen ceramic
rolling elements (Si3N4). The current flow in the individual
contacts are investigated and the electrical lubricant properties are
determined by impedance measurements.

2. Basics

2.1. Electrical properties of Materials

For the determination of the electrical properties of lubricants there
is currently no standardized measuring method. In order to improve
the prediction of bearing currents and to better understand the
mechanism of the different degrees of damage, it is necessary to
know these properties of the lubricants. The electrical parameters
of the lubricants are the relative permittivity, the breakdown field
strength and the specific electrical resistance. Relative permittivity
studies have been performed for various base oils in [4], [9], [10],
[11] and in [12], [13] for various greases. Results from [14] show
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that there are large deviations between the relative permittivity for
base oil and lubricating grease. Values for breakdown field strength
are available in the literature for mineral oil. Studies in [14] also
show that deviations of about 33% occur between the literature
values and the measured value obtained in the research project.
Published specific electrical resistance values can be found in the
literature for graphitized grease in [1], [15].

2.1.1. Relative permittivity &

The relative permittivity & indicates the electrical polarization of a
dielectric. A test standard (DIN EN 60247 [16]) exists for this
purpose, but is only used for transformer oils at 90 °C and at
atmospheric pressure. In rolling bearing applications, the
temperature ranges are significantly wider (-40...120°C) and the
pressures are considerably higher (up to 4600 MPa) due to the high
surface pressure. Based on this method, several investigations have
already been carried out to find a relationship between frequency,
pressure, temperature and relative permittivity [17]. It was found
that the measurements in the investigated area correlate well with
the Clausius-Mossotti equation [18] and a frequency change has
influence. The application of this equation requires knowledge of
the relative permittivity at atmospheric pressure and reference
temperature.

2.1.2. Breakdown field strength E

The breakdown field strength E indicates the highest field strength
that can be applied to a material without it failing as an insulating
medium. The DIN standard DIN EN 60156 [19] is available for
their determination. Its focus is on low-viscosity (ISO VG 7 to
ISO VG 10) transformer oils. No investigations were carried out or
analytical approaches developed to determine the pressure and
temperature dependence of the breakdown field strength. In
particular, the distance used in the standard (2.5 mm) differs
significantly from the much smaller distance (<2 um) present in the
EHL contact.
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2.1.3. Specific electrical resistance p

The specific electrical resistance p or its inverse, the electrical
conductivity «, describes the electrical conductivity of a material.
The measurement of the electrical conductivity of mineral oils is
described in DIN EN 51412 [20]. The temperature dependence of
this measured variable has been known for a long time, e.g. for
copper or other conductor materials. For insulating materials, such
as the base oil of the lubricant, such investigations, especially
depending on the pressure, have not been in focus up to now and
have therefore not been investigated in detail. However, there is a
distinction between high- and low-resistance lubricants [21], which
allows a rough characterization. Currently, lubricants with a lower
specific resistance are being developed. Standard roller bearing
greases have a specific electrical resistance of 10** Qcm. Newly
developed lubricating greases with ionic liquids have a specific
electrical resistance of 107 Qcm, which can lead to better
conduction of harmful bearing currents. [22]

2.2. Electrical properties of an EHL contact

In this chapter, the EHL contact area is observed from an electrical
point of view. Rolling element surface and roller bearing surface
are in contact. Voltage is applied to the two components. There is
lubricant between the surfaces. This is shown in Figure 2. You can
see asperities that are in contact and those that are not. Very low
contact resistance is formed between the asperities that are in
contact. A capacitance is not build-up. A capacitance can build up
between the asperities, when those are not in contact. On the basis
of this representation, a total bearing resistance R and a total
bearing capacitance C can be formed.

This detailed examination of the contact area is very difficult to
realize, as it requires an exact description of the contact surface and
asperity interaction.

To simplify this problem, the Hertzian surface area is used as the
contact surface area and not the real surface area. This
simplification can lead to inaccuracies in the determination of the
electrical lubricant properties, as the real contact surface area
differs from the Hertzian surface area. The lubricating film is
described by the central ho and the minimum hmin height of the
lubricating film. The central lubricating film thickness is used to
determine the electrical properties of the lubricant and the
minimum lubricating film thickness is used to determine the
breakdown field strength in the lubricated contact.

The electrical properties of an EHL contact can be characterised as
a system of capacitance and resistance. Resistance R and
capacitance C can be calculated from the measured impedance Z,
phase angle ¢, central film thickness ho and Hertzian contact aria
Anertz. TO determine the maximum field strength E, the breakdown
voltage of the lubricant U and the minimal lubricant film thickness
hmin need to be known. The breakdown voltage can be measured
using a Breakdown-Analyzer (Figure 6) or directly derived from
the electrical behavior of the bearing. The following equations can
be used to calculate the relative permittivity, the specific electrical
resistance and field strength. The requirement is that the
capacitance and resistance of the individual contacts are known.

C =& * & * (Anertz/ho) (Eq. 1-1)
R = (p*ho)/Anertz (Eq. 1-2)
E= U/hmin (Eq 1'3)

When examining the rotating rolling bearing, it should be taken
into account that from a tribological and electrical point of view the
bearing can change its behavior based on different lubrication
conditions.

Figure 2: Detailed picture of an EHL contact with resistances R, capacitances C and real contact area A

These lubrication conditions are linked to the formation of the
lubricating film and are dependent on e.g. speed, force and
temperature.

2.3. Electrical equivalence of the lubrication conditions

As described in [5] and [6], [8], [14] the conditions in the rolling
contact can be divided into five different lubrication states from an
electrical point of view.

Lubrication condition I: The thickness of the lubricant film on the
inner and outer rings is sufficient to ensure that the voltage over the
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bearing can be fully maintained over both the outer and inner ring
sides. The occurring bearing currents are recharging currents.

Lubrication condition Il: The lubricant film thickness is
sufficiently large only on one ring side so that the voltage can be
completely held there. The lubricating film between the other ring
and the rolling element can be broken-through. In addition to
recharging currents, partial discharges also occur between the
rolling element and inner ring.

Lubrication condition I11: The charge can be held neither on the
outer ring nor on the inner ring side by the lubricant film. The state
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is characterized by recharging and discharge currents (EDM
currents).

Lubrication condition 1V: The voltage cannot be fully held on
one ring. On the other ring, the lubricant film thickness is so thin
that metallic contacts of the asperities occur (mixed lubrication). In
this state, both EDM and recharging currents occur on one ring, the
current flows resistively on the other ring.

Lubrication condition V: The thickness of the lubricant film on
both rings is so small that metallic contacts of the asperities and
thus current flow in the contact points occur (mixed friction). The
prevailing currents are resistive currents.

To determine the electrical lubricant properties, the bearing should
be in lubrication condition I, Il or IlI. In these three lubrication
states, a separating lubricating film occurs in the contact area. This
lubricating film can then be characterized by suitable electrical
measuring methods. In lubrication condition 1V and V, there may
be electrical contacts between the asperities of the contact partners,
which leads to a short circuit. The electrical measuring methods are
difficult to use.

2.4. Electrical measuring methods

In the context of this work, three electrical measurement methods
are analyzed. These are the resistance measurement, the capacitive
measurement method and the measurement of impedance and
phase angle.

2.4.1. Resistance measurements

Resistance measurements are used to estimate the metallic contact
and to identify if there is metal-to-metal contact [23]. With a
separating lubricating film, the resistance is very high. The metallic
contact between the surfaces leads to a lower resistance. Furey [23]
and [24] defines a limit for an insulating lubricating film. This
number is 10 kQ. This method can be used to determine how large
the asperity load share is under mixed friction conditions. This
method is well suited for measurements in the mixed friction area
and less applicable for examinations in full lubrication conditions
[25]. This means that this method cannot be used to determine the
electrical properties of lubricants.

2.4.2. Capacitive measuring method

A measurement method that is widely used is capacitive
measurement method [26], [27], [28]. If the rolling bearing is
operated in full lubrication, the bearing can charge capacitively and
is therefore regarded as a capacitor. In [29] Barz further developed
a system for capacitive measurement of lubricant film thickness.
This system is used in [25] and [30]. This system is based on the
constant current charge of the capacitor. In a rolling bearing
contact, a separation is made between the capacitance of the inlet
area, the Hertzian area and the outlet area. The capacitance of the
Hertzian region is dominant. To take these capacitances into
account in the contact, Barz defines a correction factor kc. Through
measurements and calculations, Barz has determined that the
correction factor ke = 3.5 is for spindle bearings. When charging
with constant current of a capacitor with constant capacitance, the
voltage has a linear characteristic. When the capacitor is
completely discharged and charged with a constant current lo, the
time tad charge until the specified voltage Umax is reached is
measured. The charging time is proportional to the measured total
capacitance Crtal (EQ. 1-4). The measurements with the capacitive
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measuring method can be distorted when asperities come into
contact, or during breakdown. This method is suitable for
investigations in the full lubrication condition and for the detection
of mixed friction [25]. The capacitive measuring method is also
suitable for characterizing the electrical lubricant properties.

Ctotar = (Io/Unmax) * tioaa (Eq. 1-4)
2.4.3. Measurements of impedance

Impedance is a quantity that can be used to characterize the
electrical state of the system. The phase angle determines whether
the system is inductive, capacitive or resistive. At a phase angle of
+90° the system is inductive. At an angle of 0°- resistive and at a
phase angle of -90° the system behaves capacitive. When
measuring rotating bearings under low load, low temperature, and
high speed, it is expected that the system will have a higher
capacitive component and phase angle in the vicinity of -90°. At
constant speed and force and temperature increase, the bearing may
change from full film lubrication condition to mixed lubrication.
The phase angle will then change from -90° to 0°. This is shown in
Figure 3.

Figure 3: Principle of impedance measurement

The resistance R and capacitance C can be calculated using
equations (Eq. 1-5) and (Eq. 1-6).

R = Z x cos(p) (Eq. 1-5)

C =1/(Z *sin(p) * ) (Eq. 1-6)
By measuring the impedance and the phase angle it is possible to
determine the capacitance and resistance of the rolling bearing
contact and thus the electrical properties of the lubricant under the
relevant conditions, high pressure, high temperature and shearing.

3. Test benches and measuring technology

3.1. Test setup 1- Two bearing test rig

This test rig is divided in two parts, mechanical part and electrical
part. As shown in Figure 4, at each test rig, two bearings 7305-B-
2RS-TVP are mounted.

The first one is mounted on the motor side, which is the test
bearing. This bearing is electrically charged. After performing the
tests, bearing and grease damages are observed. The second
bearing which is mounted on the other side, has a support function.
This bearing is electrically isolated. On this part, no damages are
observed as expected. [8]
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The mechanical and electrical features of the test rig are shown in
the next list. There is a possibility to variate the axial force, speed
and the temperature. The electrical part of the test rig consists of a
power supply, a frequency converter, star connection of resistors
and a capacitive voltage divider. With the help of a capacitive
voltage divider, different types of electrical machines and electrical
motors can be modelled. The information about the electrical part
of the test rig is shown in the next list, too.

Figure 4: Two bearing test rig

Various electric motors can be simulated and tested on this test
bench with the aid of the variable capacitive voltage divider

3.2. Test Setup 2- Modified four-ball tester

The four-ball tester is a test setup for investigating lubricants under
high load and rotational speed. The standard device was modified
to investigate current and electrical lubricant properties in axial
deep groove ball bearings. Current, temperature control and
temperature measurement on the rotating part of the bearing are
realized by in-house developed slip ring. In addition, water-cooling
on the rotating shaft is used to reach lower operating temperatures.
On the stationary ring, the temperature can be measured and
regulated by heating cartridges and water-cooling. Figure 5 depicts
the newly-developed bearing adapter for the four-ball tester. With
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e  Axial force variation: 0 N to 10 kN

e  Speed: up to 3000 rpm

e  Temperature variation: cooling and heating from 15 °C
up to 100 °C

e  Switching frequency: up to 50 kHz

e Rotational frequency: up to 100 Hz

e  Capacitors Cws / Cwr / Crs: variable

e  Bearing voltage: up to 60 V

e  Bearing current: up to 10 A

this test setup, it is possible to apply defined voltage and current or
to measure the impedance or the capacitance of the lubricated
bearing under controlled and reproducible conditions.

The advantage of this rolling bearing adapter is the small
installation space and the need for only one test bearing, which
reduces costs. This adapter can be installed in a standard four-ball
device, which is an advantage for many owners of such a
tribological measuring device. This adapter was developed for the
practical characterization of the electrical lubricant properties and
investigations of the current flow in the rolling bearings. Despite
the high level of development of the technology today, there are
not so many testing devices for determining the electrical lubricant
properties under realistic operating conditions.
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Features of the modified four-ball tester:
e  Speed: 100-6000 rpm
e Load: 35-12000 N
e  Temperature: 0-120 °C
e  Cooling: shaft and housing
e  Heating: shaft and housing
e  Lubricant: oil and grease
e  Bearing voltage: up to 60 V
e  Bearing current: up to 10 A

3.3. Standard laboratory equipment for analysis of electrical
lubricant properties

Several measuring instruments are required to investigate the
electrical lubricant properties. To determine the breakdown field

strength, a capacitor can be used in which the insulation layer
between two electrodes can be passed through if the permissible
voltage is exceeded. To determine the relative permittivity and the
specific electrical resistance, a capacitor design can also be used.
However, two different measuring principles are used. To
determine the breakdown field strength, voltage should be applied
to the medium between the plates of the capacitor until a
breakdown occurs. To determine the permittivity and the specific
electrical resistance of the medium, the impedance and phase angle
or the resistance and capacitance of the medium should be
measured.

Figure 5: Modified four-ball tester, a) newly developed bearing adapter, b) bearing adapter mounted in the standard four-

ball tester, ¢) modified bearing, d) standard bearing 51208

The same measuring principles can be used to determine the
electrical lubricant parameters in the rolling bearing. If the rolling
bearing is operated in full lubrication, a lubricating film builds up.
The bearing can be charged capacitively. The bearing can be
charged by increasing the voltage in order to specifically produce
EDM breakdowns. After evaluation of the breakdown voltage, the
breakdown field strength in the bearing can be determined. The
specific electrical resistance and the relative permittivity in the
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rolling bearing can then be determined by impedance
measurements or measurements of resistance and capacitance.

3.3.1. Breakdown-Analyzer

The Breakdown-Analyzer (Figure 6) is a standard measuring
instrument for testing the breakdown field strength of various
transformer oils. The device works by increasing the voltage
between two electrodes at a fixed distance until the breakdown
voltage limit is reached.
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The lubricant is penetrated and the voltage is detected. The
dielectric strength of the material is determined by the ratio of the
breakdown voltage to the distance between the electrodes.
Unfortunately, there is no standard describing how the oils and
greases for rolling bearing lubrication are to be investigated. The
existing standards for testing transformer oils specify test
conditions that are very different from the operating conditions in
the bearing. For this reason, this work includes tests under the
conditions described in [19] and also under modified test
conditions.

Figure 6: Breakdown-Analyzer

3.3.2. Capacitor for liquid examinations

The capacitor for liquid examination is a standard measuring
instrument for determining the capacitance and thus the relative
permittivity of liquids and lubricating oils. Between two disc
electrodes with a fixed distance 1,3 mm a space is formed in which
the relative permittivity of the oils can be determined. First, a
reference measurement is carried out with air.

After the reference measurement has been carried out, the
lubricants can be examined. The measuring instrument is
connected to an impedance measuring device. The capacitance of
the air and the fluid is measured and evaluated. The relative
permittivity is determined.

4. Evaluation of the electrical behavior of the
bearing

The evaluation of the measurements is carried out by means of a
software programmed on the Institute of Machine Elements, Gears
and Transmissions in Matlab®. For evaluation of the
measurements, bearing voltage and bearing current values are
recorded. The evaluation method is shown graphically in Figure 7.
The following parameters are determined for each operating point:
eAverage number of EDMs N

eAverage EDM bearing voltage amplitude Uy,

eAverage EDM bearing current amplitude 1,

For each of these parameters, the arithmetic mean is formed in each
case. In addition, the full lubrication time fraction is calculated for
each measurement block. This indicates the average duration (in
%) of the total measuring time per operating point, in which the
bearing is in the full lubrication condition. The capacitive and
discharge currents are counted as currents in fully lubricated
bearings. From the ratio of the clock edges of the common-mode
voltage to the number of fully lubricated current events, the full-
time lubrication proportion can be determined. [8]
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Figure 7: Method for evaluation of the electrical behavior
of the bearing [8]

5. Methodology for determining the relevant
electrical lubricant properties

A methodology for determining the electrical lubricant properties
is developed on the basis of the theoretical principles presented and
the existing equipment. The methodology is based on
measurements with the Breakdown-Analyzer, capacitor for liquid
examinations, modified four-ball tester and two-bearing test rig.
The aim is to develop a practical testing methodology with which
the electrical lubricant properties can be characterized.

In the first step, only lubricating oils are tested because the standard
measuring equipment is available to examine the oil properties. In
the second step, the existing equipment have to be modified so that
the electrical lubricant properties of lubricating greases can also be
determined. The methodical procedure consists of five steps. This
is shown in Figure 8.
The information from the calculation of the lubricant film thickness
and the contact surface, the results from the tests carried out with
the Breakdown-Analyzer and with the capacitor for liquid
examinations are compared with the results from measurements on
the rotating rolling bearing on the modified four ball tester and on
the two bearing test rig. The electrical parameters are determined
on the basis of the tests carried out. The most important steps are
presented in the following list.
e Determination of the lubricating film thickness and the
contact area
Breakdown measurements on the Breakdown-Analyzer
e  Breakdown measurements with applied voltage at the
four ball tester (at the bearing)
Impedance measurements at the four ball tester
Calculation of the characteristic values

6. Measurements with the Breakdown-Analyzer

Exemplary, the breakdown voltages of a pure mineral oils ISO VG
100 (FVA 3 reference oil) and ISO VG 460 (FVA 4 reference oil)
was measured for different temperatures. The FVA oils are
lubricants with well-known properties.

For the lower and higher temperature range, larger field strengths
could be measured. In the range between room temperature and
approximately 70°C, the breakdown field strengths were constant
at a very low value below 5 kV/mm for the FVA 4 oil. The results
are shown in Figure 9. The breakdown field strength for the FVA
3 oil is at lower temperatures low, about 5kV/mm and rises from
60 °C up to over 20 kV/mm.

Figure 10 shows the results of the investigations on the Breakdown-
Analyzer with variation of the distance between the electrodes. It
can be seen that with reduction of the distance the breakdown field
strength increases.
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Figure 10: Measured field strength in respect to the space
between the electrodes for mineral oil FVA 3 1SO VG 100
and FVA 4 1SO VG 460, 25 °C

7. Measurements with the capacitor for liquid
examinations

After the preparation of the capacitor for liquid
examinations, a reference measurement was first carried
out with air. The aim of this measurement is to determine
a reference value of the structure with intermediate
medium air. An impedance measuring device (Bode 100)
was used to measure the capacitance of the setup over the
entire frequency spectrum. The results of this first
measurement are shown in Figure 11 in grey. The FVA 4
oil was then filled into the Liquid Test Fixture. With the
help of the impedance measuring device the capacitance
of the body, filled with oil, was measured. Figure 11
presents the two results. It can be seen that the capacitance
of the air is lower than the capacitance of the FVA 4 oil.
The capacitance can be measured in the range from 100
Hz to 10 kHz without large fluctuations in the

Figure 8: Methodology for determining of the electrical measurement signal. In the range from 10 kHz to 10 Hz

lubricant properties the resonance column of the construction can be seen.

It is interesting, that high and low temperature give the same

results, the field strength is high.
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examination
Figure 9: Measured field strength in respect to lubricant . . .
temperature (mineral oil FVA 3 1S0 VG 100 and FVA 4 1SO No values may be used from this range. The relative permittivity of
VG 460) the oil can be determined from these two measurements. For the

calculation of er, Eq. 1-7 was used. Co is the capacity of the test cell
filled with oil and Ca is the capacity of the test cell filled with air.

& = (Co/Ca) (Eq. 1-7)

100



Dani Bechev et al. — Bearing Journal Vol. 3 (2018) page 93 — page 106

The results for relative permittivity are shown in Figure 12. The
relative permittivity of oils FVA 3 and FVA 4 is between 2 and 2,5.
The grease Arcanol Multi 3 and the base oil of this grease were also
examined. It can be seen that the oils FVA 3 and FVA 4 have
similar relative permittivity and the relative permittivity of the base
oil of grease Arcanol Multi 3 is very different from the permittivity
of the grease. This may be due to the grease structure, the lithium

thickener of the grease or the unknown additives.
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Figure 12: Relative permittivity of FVA 3 and FVA 4
reference oils and of grease Arcanol Multi 3 and its base
oil.
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8. Measurements on the modified four-ball tester

Two types of measurements were accomplished on the modified
four-ball tester. During the first type, an electrical voltage is applied
over the bearing. It is possible to measure and analyze the EDM
currents and to determine the breakdown voltage in the fluid film.
The second type is an impedance measurement of the bearing.
From this measurement, the electrical properties of the lubricants
can be derived.

Lubricant and lubricating film thickness have a significant effect
on the electrical behavior of the system [6], [8]. In [31], it is shown
that the average value of the EDM breakdowns in a 7305 bearing
is different for different greases and additionally depends on the
temperature and on the lubricating film thickness. Similar
experiments were carried out for the publication at hand with the
FVA 4 reference oil and with standard (15 steel balls) and modified
axial groove ball bearings (1 steel ball, 14 ceramic balls) of the type
51208.

The results in Figure 20 show the evaluated average number of
EDM-events per second. Depending on the bearing variant, there
are two areas with higher breakdown occurrences. This is due to
the different ball material combinations. The variant with only one
steel ball reaches the EDM range of film thickness — which should
be the same for both variants — at higher temperatures and therefore
lower viscosity.

8.1. Preliminary investigation at standstill without lubricant

In order to get to know the system behavior, impedance
measurements were first carried out without lubricant at a constant
load of 200 N and a temperature variation of 5 °C to 90 °C when
the system was at a standstill. When measuring impedance at
standstill without lubricant, it can be expected that the rolling
elements will electrically connect the rolling bearing rings and that
a low impedance will be measured and a phase angle close to 0°.
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Figure 13 shows the impedance measurements and Figure 14
shows the phase angle measurements for three thrust bearings.
These are three bearings 51208 with different numbers of rolling
elements. The full black line shows the results for a bearing with
two rolling elements of Si3N4 and a rolling element of 100Cr6, the
dashed line shows the results for a bearing with three rolling
elements of 100Cr6 and the dotted line for 15 rolling elements of
100Cr6. It can be seen that the rolling bearing rings are electrically
connected via the rolling elements and that the total bearing
resistance decreases with an increase in the number of rolling
elements from 100Cr6. This information can be used when
modelling the entire system.

In order to investigate the thermal expansion of rolling elements
made of Si3N4 compared to 100Cr6, two further tests were carried
out under the same test conditions. A rolling bearing with three
rolling elements made of Si3N4 and a rolling bearing with 14
rolling elements made of ceramic and a rolling element made of
100Cr6 were examined. The results of the experiments are shown
in Figure 15 and Figure 16. The full black line shows the results for
a measurement with three rolling elements made of Si3N4 and the
dashed black line shows the results for 14 rolling elements made of
ceramic and one rolling element made of 100Cr6.

Figure 13: Impedance measurements at standstill without
lubricant by varying the temperature

Figure 14: Phase angle measurements at standstill

without lubricant by varying the temperature
Significant differences can be seen between the impedance curves
for these two rolling bearings. As expected, the rolling bearing with
three rolling elements made of Si3N4 is insulating throughout the
entire test. The ceramic rolling elements perform their function and
electrically separate the two rolling bearing rings. The modified
rolling bearing with 14 rolling elements made of Si3N4 and one
rolling element made of 100Cr6 has an insulating behavior up to
approx. 25-30°C. In this temperature range the impedance is high,
which shows an electrical insulation of the rolling bearing rings.
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From approx. 10°C a strong drop of the impedance values can be
seen (Figure 15). From 30 °C the rolling bearing impedance is in
the range of 100 to 1000 Q. As the temperature increases, the
rolling element of 100Cr6 expands faster than the rolling elements
of Si3N4. Due to the expansion of the rolling element made of
100Cr6, probably more asperities touch each other and therefore
the total bearing impedance decreases.

Before the test, the diameters of all rolling elements were
measured. It was found that the rolling element of 100Cr6 is 0.002
mm smaller than the rolling element of Si3N4. At the beginning of
the test, the rolling element of 100Cr6 is smaller and during the test
due to thermal expansion becomes larger and electrically connects
the rolling bearing rings. The same expected behavior is also
observed with the phase angle. At the beginning of the test the
phase angle is high, which shows that the system behaves
capacitively and the rolling bearing rings are electrically
decoupled. As the temperature increases, the phase angle shows
that the system changes from a capacitive to a resistive state. By
measuring the impedance and phase angle, the lubrication
conditions of the rolling bearing can be characterized. It is
interesting how the system will then behave in contact with
lubricant.

Figure 15: Impedance measurements at standstill without
lubricant by varying the temperature
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Figure 16: Phase angle measurements at standstill
without lubricant by varying the temperature

8.2. Determination of electrical lubricant properties by
impedance measurements on rotating rolling bearings

Two types of tests can be carried out with the rotating rolling
bearing. The first type of test are impedance measurements to
determine the relative permittivity and the specific electrical
resistance. The second type of test is the application of voltage to
the bearing and the evaluation of EDM breakdowns. The
breakdown field strength is determined by the lubricant. These two
types of tests determine the most important electrical parameters
on the real system.

Impedance measurements are carried out within the scope of this
work to determine the electrical properties of lubricants. Rolling
bearings are examined at a speed of 1000 rpm, load of 200 N and
temperature of 5 °C to 120 °C. The bearing is lubricated with FVA
4 oil. The results of a test are shown in Figure 17.

Figure 17: Measurement of impedance and phase angle

on rotating rolling bearing with FVA 4 reference oil

with variation of temperature and constant load 200 N

and speed 1000 rpm
It can be seen that in the lower temperature range the impedance is
high and the phase angle is about -90°. This means that a separating
lubricating film is detected in the rolling bearing contact. The
bearing can be charged capacitively, therefore the system has a
capacitive behavior. Increasing the temperature at the same load
and speed reduces the lubricant film thickness. At approx. 90 °C
the limit of 10 kQ defined by Furey is reached. From approx. 90
°C the phase angle is almost 0°. This means that the system is
operated in mixed friction. In mixed friction, several roughness
asperities are in contact. The metallic components are electrically
connected to each other. This condition is a great challenge for
measurement equipment. The short circuits between rolling
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elements and rolling bearing rings cause fluctuations in the
measuring signal. In this tribological lubrication condition it is
difficult and even impossible for physical reasons to determine the
electrical lubricant properties. By measuring the impedance and the
phase angle it was determined that a distinction between mixed
friction and full lubrication is possible. After the impedance and
phase angle measurements the relative permittivity and the specific
electrical resistance can be determined.

After the conversion of the impedance and the phase angle into
relative permittivity and specific electrical resistance, it was
determined that the values are not plausible. The relative
permittivity is much higher than expected and the specific electrical
resistance much lower than expected.

For this reason, comparative measurements were carried out with a
second impedance meter.

Bode 100 is a vector network analyzer and impedance meter. The
frequency range of this device is from 1 Hz to 50 MHz. The
frequency spectrum can be varied automatically during a
measurement. In this way the system behavior can be investigated
in a wide frequency spectrum. With this measuring device, the
capacitance of the rolling bearing was determined. At a speed of
1000 rpm, force of 200 N and temperature variation of 20 °C to 120
°C, the rolling bearing capacitance was determined. The results are
presented in Figure 18.

As the temperature increases, the viscosity of the FVA 4 oil
decreases. For this reason the height of the film becomes smaller.
The distance between the metallic components becomes smaller
and the capacitance increases.

The figure also shows another effect. The measuring signal quality
is better in the temperature range from 20 °C to 80 °C. Fluctuations
up to approx. 1000 Hz can be seen and from approx. 107 Hz. In the
range from 1000 Hz to 107 Hz the quality of the signal is good.
There are few fluctuations. For measurements at 100 °C and 120
°C the system is in mixed friction. Little lubricant is in the rolling
bearing contact. Many asperities are touching. The capacitance is
very high and the quality of the signal has many fluctuations.
Because of the investigation of the wide frequency spectrum it can
be determined that there is a frequency range from approx. 100000
Hz to approx. 107 Hz in which the measuring signal fluctuates little.
This means that a plausible measurement is still possible in this
frequency range.

The relative permittivity of FVA 4 oil at 20, 40, 60 and 80 °C for
the frequency spectrum from 100 Hz to 107 Hz was determined on
the basis of the values of the rolling bearing capacitance. The
results are shown in Figure 19.

The relative permittivity determined on the basis of the
measurement is in the range of approx. 1.25 to 3.5. With the
capacitor for liquid examinations a value of 2.3 was determined at
room temperature and room pressure. The deviation between 1.25,
2.3 and 3.5 can be explained by the fact that much higher pressures
and temperatures act in the rolling bearing contact. The temperature
during the test with the rotating bearing was measured on the
housing near the rolling bearing ring. For this reason, a deviation
between the bearing ring temperature, lubricant temperature and
housing temperature is to be expected. However, the relative
permittivity determined with the capacitor for liquid examinations
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and the relative permittivity determined in the rotating bearing are
well matched.

Figure 18: Measurement of the rolling bearing
capacitance at the rotating rolling bearing by varying the
temperature and constant load 200 N and speed 1000 rpm

8.3. Determination of the breakdown field strength at the
rotating rolling bearing

Within the scope of this work, tests were also carried out with the
electric voltage applied to the rolling bearing to determine the
breakdown field strength of the FVA 4 oil. A low bearing voltage
level of 20 V was selected. This voltage level was determined using
the measurements taken on the Breakdown-Analyzer.

Figure 19: Relative permittivity of FVA 4 reference oil



Dani Bechev et al. — Bearing Journal Vol. 3 (2018) page 93 — page 106

The measurements on the Breakdown-Analyzer (Figure 9 and
Figure 10) show that at a temperature variation in the range of 20°C
to 80°C and a distance of 2 mm between the electrodes, the
breakdown field strength of the lubricant is approx. 5 V/mm. With
a distance variation of the electrodes and room temperature, the
values of the breakdown field strength are between 20 and
70 kV/mm. For this reason, a medium voltage level has been
selected so that EDM breakdowns can be detected on the rolling
bearing. If the bearing voltage is too low, the insulating lubricating
film can prevent EDM breakdowns. If the voltage is too high, the
bearing voltage may be much higher than the voltage that the
lubricating film can hold and ohmic currents may flow through the
rolling bearing.

Two types of bearings were examined in the tests with voltage
applied to the bearing. The first bearing type is the standard bearing
51208 with 15 rolling elements of 100Cr6, the second bearing type
is the modified rolling bearing 51208 with 14 rolling elements of
Si3N4 and one rolling element of 100Cr6. The speed of the tests is
1000 rpm, the force is 200 N. The temperature varies from approx.
15 °C to 90°C. The rolling bearings were lubricated with FVA 4
oil. For each test, a voltage of 20 V was applied to the rolling
bearing. The frequency is 10 kHz, the speed is 1000 rpm and the
load is 200 N. Because of the temperature increase at the same load
and speed, the lubricant film height is reduced. At lower
temperatures of approx.15 °C the roller bearing runs under full film
lubrication conditions. There are no breakdowns. At a certain
moment, when the quality of the lubricant film is insufficient, EDM
breakdowns are detected. EDMs are detected when voltage
collapse occurs and a high current flows simultaneously. The
detected breakdowns are evaluated. The average EDMs per second,
the average breakdown voltage and breakdown current as well as
the minimum and maximum values of breakdown voltage and

breakdown current are evaluated. The results for the average EDM
number per second for six experiments are shown in Figure 20.
The results for the tests with the standard rolling bearing with 15
rolling elements of 100Cr6 are shown using the black lines. The
results of the tests with the modified rolling bearing are shown with
the yellow lines. The results of the tests with the standard bearing
show a pronounced maximum number of EDMs per second. This
is the expected behavior of an applied voltage system in which the
lubricant film height varies from full lubrication to mixed friction.
Similar results for measurements with greases were presented in
[31].

EDM breakdowns on standard bearings start at approx. 18°C. The
maximum is at approx. 20°C. From 40°C no more breakdowns can
be detected. With the modified rolling bearing, the EDM
breakdowns start at approx. 45°C. In the temperature range up to
approx. 90°C no clear maximum of EDM breakdowns was
observed. In the temperature range from approx. 45°C to 90°C
there are continuous EDM breakdowns. One reason for this is the
smaller rolling element diameter of the rolling element made of
100Cr6. Calculations of the rolling element expansions of the
rolling elements made of ceramic and steel have shown that from a
temperature of 47°C the rolling elements have the same size. It's a
very good match to the beginning of the breakdown range. During
the tests it was found that the heating of the standard rolling bearing
is much faster than the heating of the modified rolling bearing due
to friction. It was also determined that the temperature of the
rotating and the stationary ring of the rolling bearing should be the
same, if possible, so that the measurements can be reproduced. The
uniform cooling of the bearing ring and the start of the test at the
same temperature of the bearing rings is important for reproducible
testing.

Figure 20: Investigation of the average number of the EDM breakdowns in respect to the temperature for standard bearings
51208 with steel balls and modified 51208-Si3N4 (1 steel ball, 14 Si3N4 balls); three measurements per bearing variant

At the same time as evaluating the average EDM number per
second, the average breakdown voltage was also evaluated. The
results are shown in Figure 21. It can be seen that in the range of
20 to 40 °C the average breakdown voltage is higher and
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decreases as the temperature increases. As the height of the
lubricating film decreases as the temperature increases, it cannot
hold the applied voltage and there are breakdowns. Impedance
measurements showed that the system has an impedance of
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approx. 10000 Q at 80 °C, which means that the transition to
mixed friction takes place. For this reason, not many breakdowns
in the higher temperature range can be detected because the
system has resistive behavior.

To determine the breakdown field strength in the rotating
bearing, the minimum lubricating film thickness for the
investigated conditions was calculated. The results for the
calculated lubricant film thickness and for the measurements on
the roller bearing are shown in Table 1-1.

Temperatur hmin/ U nean Iv En/
e/°C pm Vium
20 1,01 13,5 13,4

40 0,43 71 16,3

60 0,23 6 26,1

80 0,14 51 36,4

Table 1-1: Calculated values for the minimum lubricant
film thickness and for the breakdown field strength and
measured values for the average breakdown voltage in the
rolling bearing.
The results for the measurements with the Breakdown Analyzer
and with variation of the oil temperature and with variation of
the distance between the electrodes are shown in Table 1-2.

Temperature / °C Egazst / V/ipm
20 4,9
40 3,9
60 4,3
80 7
Distance between Esa7sa / V/pm;
electrodes / mm (mm)
2 22,4
1 36,7
0,5 36
0,2 68,6

Table 1-2: Results of measurements on the Breakdown

Analyzer by varying the temperature and varying the distance

between the electrodes with the FVA 4 reference oil.
The measured values on the Breakdown Analyzer differ from the
measured values on the rotating rolling bearing. However, the
values are in the same ratio to each other. As the distance
between the electrodes or between the bearing surfaces is
reduced, the breakdown field strength increases. With the
variation of the temperature the values remained in the range of
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5 V/um. There can be several reasons for differentiating between
the values. Geometrically, these are two different capacitors with
different geometries. This means that the formation of the
electric field is different in the rolling bearing and in the
Breakdown-Analyzer. This can cause the breakdowns to occur at
a different voltage level.

Figure 21: Average breakdown voltage for a test with

bearing 51208 at 20 V, 200 N, 1000 rpm and FVA 4

reference oil with variation of temperature
Another possibility would be the pressure during the breakdown.
The pressure greatly influences the breakdown field strength of
the lubricant. As the pressure increases, the breakdown field
strength increases, which can justify the increase in this value
during measurements in the rolling bearing, as higher pressures
act in the bearing [32].
The breakdown behavior of lubricants is a very interesting and
important topic for the modelling of the overall system. For this
reason, further investigations are to be carried out until this
subject area and the processes in the rolling bearing have been
investigated.

9. Conclusions

Within the scope of this paper, different methods for determining
the electrical lubricant properties are presented. On the one hand,
the properties can be determined with the aid of laboratory
measuring instruments at standstill. In a Breakdown-Analyser
the breakdown voltage and breakdown field strength can be
determined. With the help of the capacitor for liquid
examinations the relative permittivity and the specific electrical
resistance can be determined. However, the test conditions do not
correspond to the higher pressures and temperatures in the rolling
bearing contact. For this reason, a rolling bearing adapter was
developed which allows the determination of the electrical
lubricant properties directly on the rolling bearing. With the help
of impedance and phase angle measurements, capacitance and
resistance of the system can be characterized and the relative
permittivity and the specific electrical resistance can be
determined. EDM breakdowns can be generated by applying
electrical voltage to the rolling bearing. The breakdown field
strength of the lubricant can be determined by evaluating these
breakdowns in the bearing. The methodology developed in the
context of this paper will be used to investigate the electrical
lubricant properties of oils and greases.
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Abstract — Vibration-based Condition Monitoring (CM) techniques assume that failure probabilities can be determined based on the current
operating status of individual machines. These techniques, therefore offer an opportunity for replacing defected parts or performing desired
adjustments in time to preclude failure. Rolling bearings play a major role in rotating machines dynamics, so that their faults can adversely
affect the machine performance, and eventually lead to complete failure. The present paper aims to study, discuss, and compare common
techniques in the field of rolling bearing fault detection and diagnosis based on vibration signal processing. For this, some basic and
advanced methods including statistical parameters and diagnostic methods, respectively, for detection and localization purposes are
investigated using bearing run-to-failure vibration datasets. In addition to show and discuss advantages and limitations of the most common
statistical parameters, the well-known Principal Component Analysis (PCA) is used for extracting the optimal features and reducing the
dimension of extracted features. In line with the purposes of the present study, a recently proposed method based on autocorrelation function
is also tested experimentally, illustrating the progression of bearing fault. The results obtained here imply that the effectiveness of bearing
fault indicators (features) can be improved using post processing and data fusion techniques. This can increase the capability of early fault
detection of vibration analysis for rolling bearings.

Keywords — Condition Monitoring; Vibration Analysis; Bearing fault pattern analysis; Rolling bearing fault diagnosis; Principal Component
Analysis (PCA)

1. Introduction vibrations signals are required to be analyzed using signal post-

. . ing techni , 10].
There is nowadays no doubt that a modern and well-integrated processing techniques [9, 10]

maintenance strategy can lead to optimum productivity and
efficiency of industrial machines [1, 2]. Modern maintenance
strategies (e.g. predictive or proactive) increase the probability that
a machine or component can run in the required manner over its
design life-cycle with a minimum amount of maintenance and
downtime. These maintenance strategies are optimally integrated
to take advantage of their respective strengths, and maximize
facility and equipment reliability while minimizing life-cycle costs.
The goal is to reduce the Life-Cycle Cost (LCC) of a facility to a
minimum to obtain the desired reliability and availability [3]. In
this regard, the predictive or proactive maintenance strategies use
primarily non-destructive Condition Monitoring (CM) testing tools
to assess machinery health status and performance [4]. With the
increasing use of Condition Monitoring Systems (CMS) on
industrial machines, a large number of researches have been under
taken for diagnostic purposes in sub-components in, for example, a
drivetrain [5, 6]. Among a wide range of CM tools, mechanical
vibration signals monitoring is known as one of the most robust and
common methods. It is widely accepted that vibration analysis is
capable of finding machine element fault(s) and their location(s)
[7]. In a vibration-based fault detection and fault diagnosis system,
mechanical damage is referred to changes on geometric properties
of the analyzed machine. These sudden changes may generate
additional dynamic forces acting in the system. Then, based on the
system responses, damage/faults can be detected and localized [8].
Since all machines vibrate even in their good operational condition
due to interactions between machine components, the captured

Due to the critical role of rolling bearings in global vibration levels
of rotating machines, vibration-based fault detection for bearings is
considered as one of the most common and reliable approaches in
ma-chine condition monitoring. Statistics show that 30% of
rotating machinery faults are caused by rolling bearings [11], and
90% of the total amount of different rolling bearing faults are
related to either an inner or outer race flaw (pitting) [12]. Rolling
bearings faults can lead to serious problems such as noise and high
vibration level up to the total loss of a drivetrain and degrade the
performance in many mechanical engineering applications such as
centrifugal pumps [13], drivetrain of wind turbines [14], gearboxes
[15], and railway vehicles [16]. Therefore, many diagnosis
methods aim to identify the bearing fault symptoms in the vibration
signal measured from a system with suspected faulty bearing(s).
The mechanical faults on bearing surfaces give raise to the
vibration signals at the certain intervals, depending on fault
location. By analyzing the changes and novelties in the vibration
trend, bearing faults can then be detected and diagnosed. In general,
signal processing techniques applied for bearing applications
comprise three phases, namely, detection, diagnostic, and
prognostic [7].
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With reference to the findings in [3], Figure 1 shows the failure
distribution of thirty identical 6309 type deep groove ball bearings
installed on bearing life test machines and run to failure, using
standard test procedures. Here, the x-axis represents the individual
bearing being tested while the y-axis is the number of revolutions
achieved prior to fatigue failure of the individual bearing. The wide
variation in bearing life prevents the use of any effective time-
based or classical maintenance strategy, and this suggests more and
more studies on the bearing condition monitoring.

Figure 1: Rolling bearing life Scatter; adapted from [3].

The rolling bearing fault detection methods can be broken-down
into three well-known signal domains (i.e. time, frequency, and
time-frequency), where some parameters in various domains
(features) are extracted and analyzed accordingly. Fault feature
extraction of rolling bearing vibration signals is carried out using
statistics. As mentioned, when rolling bearing faults occur, time
and frequency statistical features of vibration signal change. By
trending these features of the monitored bearing over time, the
status of the corresponding bearing can be detected. A large
number of fault indicators are investigated and proposed in the
literature [17, 18, 19], most of them suitable for a specific operating
condition with potential limitations in application due to
environmental conditions including noise effects.

Attempts at analyzing large numbers of original features are
motivated by how to effectively extract the potential features
responsible for fault characterization. In a typical monitoring
processes, hundreds of variables each of which for a specified time
window are measured over time. While these measurements
(features) can bring in useful signatures about the operating status,
at the same time they can introduce more complexities because of
the high dimensionality. To overcome this, some data
reduction/fusion techniques can be used.

Principal Component Analysis (PCA) [20], also known as the
Karhunen—Loeve transform, is a basic method in the system of
multivariate analysis. By transforming a complex dataset to a
simple one with lower dimension, PCA reduces the less significant
information in dataset for further computing. Because of its
excellent capability in extracting relevant information from
confusing datasets, PCA has been successfully applied in numerous
areas including data compression, feature extraction, image
processing, pattern recognition and process monitoring in recent
years [21, 22]. PCA is one of the most popular multivariate
statistical methods used for process monitoring and data
compression/fusion. When PCA-based feature extraction is used
for example for, machine bearing fault classification, it is believed
that reduced dimensional data which is arranged along the principal
eigenvectors could represent features effectively. In gearbox
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applications, it is shown that the low-dimensional principal
component can represent the statistical features of the measured
signals to characterize and monitor gearbox conditions.

In terms of fault diagnostics and fault localizations, although many
signal processing methods for bearing diagnosis have been studied
and published [10], a robust fault diagnosis algorithm suitable for
non-stationary operating conditions for complex machines remains
a challenge.

Among a wide range of diagnosis methods for rolling bearings,
AutoCorrelation analysis [23] appears to be one of the powerful
tools due to both de-noising and diagnostic features of the
autocorrelation function, which makes it a very valuable tool for
fault detection purposes [7]. In general, for a periodic component
in the signal, autocorrelation function yields high levels of
correlation for the corresponding component. This is the key factor
of the autocorrelation function in revealing the repetition
frequencies (e.g. bearing fundamental frequency) in a captured
vibration signal even in a low signal-to-noise ratio (SNR)
environment. Recently, in [24] it is proposed that a combination of
the recursive autocorrelation analysis and AR-based signal
modelling can improve the reliability of envelope analysis for
rolling bearing fault diagnosis.

The rest of this present paper is organized as follows: the section 2
-“Theoretical framework” details the fundamentals of rolling
bearing vibration-based fault detection and diagnostic. Also, a brief
summary of previously proposed fault diagnosis method,
Recursive Autocorrelation Analysis (RAC), as well as PCA is
presented here for the sake of completeness and clarity. In the
section 3 - “Description of the test-rig and tests procedures” the
case studies used are presented. Section 4 - “Results and
discussion” addresses the applications of the discussed methods
with the vibration signals obtained from field tests. Finally,
conclusions are drawn in section 5 - “Conclusions.”

2. Theoretical framework

In this section, starting from spectral analysis, the fundamentals of
vibration-based fault detection and diagnosis for rolling bearings
are stated. In addition, the recently proposed, Recursive
Autocorrelation (RAC) Analysis and the well-known PCA are
summarized.

2.1. Bearing fault pattern analysis

In general, the bearing fault patterns in terms of some progressive
stages of damages can be shown and analyzed using spectral
analyses. These fault patterns are investigated in the literature and
technical reports [25, 26], and are shown in Figure 2 adapted from
[27]. Close inspection of these four spectra representing four
distinct fault stages can provide useful information about the failure
modes. Figure 2 shows the spectrum frequency content during four
stages of bearing failure. A normal bearing or newly installed
bearing will show no frequencies except those associated with shaft
phenomenon such as balance or misalignment.
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Figure 2: Fault patterns of rolling bearing damage stages; adapted
from [27].

Fault stage 1 begins to generate signals associated with natural
resonances of the bearing parts as defect begins to excite the sub-
components. At this stage, micro-defects and tiny crack initiation
causes very high frequency impulsive signals in zone 4. However,
Acoustic Emission (AE)-based techniques as the ultra-frequency
methods are typically used for the faults at this stage, rather than
vibration analysis. Physical inspection of the bearing at this stage
may not show any identifiable defects. Fault stage 2 condition,
called intermediate-fault 1, produce impulsive high-energy
vibration signals correspond to rotor-bearing total system high
frequencies in zone 3. Signs of defects may be found upon
inspection. At fault stage 3, called intermediate-fault 2, as the faulty
area becomes large, impulsive signals due to the localized fault
produce the corresponding bearing fundamental frequency(s).
Harmonics of these frequencies may also appear depending upon
the quantity of defects and their dispersal around the bearing races.
The well-known envelope analysis is the most common method for
detecting the bearing faults at this stage. Fault stage 4 is the last
condition before catastrophic failure of the bearing and break-
down. This stage is associated with numerous modulated
fundamental frequencies and harmonics indicating that the defects
are distributed around the bearing races.

Bearing inherent
frequencies
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Using the above mentioned spectral information, rolling bearings
can be diagnosed and location of the faults can be detected. As a
matter of fact, time do-main signals need to be transformed to the
frequency domain.
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2.2. Bearing feature extraction and fault detection

Online and continuous condition monitoring techniques are
generally based on extracting some statistical parameters in the
time or the frequency domains. Here, the goal is to approve and
verify the existence of a fault on rolling bearing. For this, a large
number of potential statistical features for bearing fault detection
have been proposed in the literature, and are readily available.
These statistical parameters (features) are designed to represent a
specific vibration signal. Basic and common statistical features in
the time domain include Root Mean Square (RMS), Kurtosis [28],
Variance, Crest Factor, Skewness, shape factor (i.e. RMS - mean
value) [29], and bearing defect factor (i.e. peak value - RMS) [30];
and advanced features including Singular Values (SV) and entropy
[31, 32]. Teager Energy RMS and Teager Energy Kurtosis are also
features obtained using energy time domain signal [33, 34]. In
addition to time domain features, frequency domain features such
as ball, cage, inner race, and outer race energy, which compute the
energy level around the corresponding fault frequency are also used
for detection purposes [35].

High dimensionality of the extracted features can bring extra and
unnecessary complexities. As there is no globally-accepted method
and monitoring feature for rolling bearings, some time and
frequency domains features need to be derived from captured
vibration signals. However, using data reduction/fusion techniques
may overcome this issue.

2.2.1. Principle Component Analysis (PCA)

Principal component analysis (PCA) is a linear technique for
dimensionality reduction by maintaining as much variance as
possible [13]. PCA constructs a low dimensional representation of
the data that describes as much of the variance in the data as
possible. This is done by finding a linear basis of reduced
dimensionality for the data, in which the amount of variance in the
data is maximal. Although it is a linear method, the performance of
PCA is efficient for dimensionality reduction in bearing
applications, which can reduce the complexity of signal processing.

Though the more features selected from original data, the more
information about operating condition might be maintained, but the
computational cost increase. Moreover, some of the features
exacted may be closely relevant to others that reduce the
significance of large amount of computing. Fortunately, PCA
provides a means to the identification of the most representative
features and the decrease of the dimension of the feature space.

The N dimension matrix Y(y4, v, ...,yn) is the feature vector
matrix consisting of the N features (parameters) acquired in the
feature extracting process and its column vectors are the dimension
feature vectors. According to [11], the covariance matrix of Y is
calculated as

N

Cy=) 61— G- (Eq. 2-1)

i=1
where N stands for the number of samples and ¥ is the mean vector
of each feature vector that is given by

N
1
7= NZ Vi (Eq. 2-2)
=
The eigenvalue of Cy can be calculated by
Av = Cyv (Eq. 2-3)
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where A ist he eigenvalue of C;, and v is the eigenvector of C,. At
most d eigenvalues A;(i = 1,2, ...,d) are calculated and A; > A, >
-+ > Aq, corresponding to eigenvector v;(i = 1,2, ...,d). Then the
principle component of v; can be obtained by projecting sample y;
to eigenvector v; as
PC; =v{(y;—¥) (Eq. 2-4)

The first principal component accounts for as much of the
variability in the data as possible, and each succeeding component
accounts for as much of the remaining variability as possible. After
the PCA process, most information of the original signal remains
in the first several principal components. Therefore the properties
of the original data can be approximately represented by the first m
(m < d) principal components.

2.3. Bearing fault diagnosis

Envelope analysis, as the most common method for bearing fault
diagnosis, is based on demodulation of high frequency resonance
associated with bearing element impacts. For rolling element
bearings, when the rolling elements strike a local fault on the inner
or outer race, or a fault on a rolling element strikes the inner or
outer race, an impact is produced. These impacts (impact train)
modulate a signal at an associated bearing pass frequency, such as
Cage Pass Frequency (CPF), Ball Pass Frequency Outer Race
(BPFO), Ball Pass Frequency Inner Race (BPFI), and Ball Fault
Frequency (BFF). In many cases, ball passing frequency is
modulated with BPFO or BPFIl. Consequently, a complex
frequency spectrum may result-in from this process. In addition,
captured raw rolling bearing vibration signals certainly contain
some background noise due to environmental conditions and it
frequently makes interpretations of the spectrum quite complex. As
a result, some de-noising and signal enhancement processes are
strongly recommended in the literature in order to get a smoother
spectrum which can be used to extract diagnostic information.

4.1.1. Recursive Autocorrelation (RAC) analysis

Autocorrelation is defined as a delayed correlation of the time
domain signals, which is a useful tool in cyclostationary signal
processing for extracting the periodic components (i.e. repeating
patterns) that may be covered by background noise. The
autocorrelation function, Rx«, is defined as a repetition detector or
self-similarity detector for a time domain signal, Xx(t).
Mathematically and in its continuous form, it is expressed as [7]

T
Ry (1) = lim J %(t) x(t + 1) dt (Eq. 2-5)
—00 0
and in its discrete version as
Ry (K) = Z x(n) x*(n — k) (Eq. 2-6)

where T, 1, and k are the measurement period, the time delay, and
any integer, respectively. Also * stands for complex conjugative.
Noted that for a real function x = x*. Based on the Wiener-Khinchin
theorem, if the Fourier transform of a series, x(t), is X(f), and if the
autocorrelation function of the series is Rxx, then the Fourier
transform of Ryx yields Sxx(f) = [X(f)[?, i.e. power spectrum of x(t).
It is noteworthy that in general, autocorrelation requires a
normalization (e.g. biased or unbiased) to produce an accurate
estimate. From the definition, it is expected that for a weakly
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defined noise signal (e.g. white noise), the autocorrelation is zero
everywhere except at T = 0.

As originally proposed in [24], and further improved in [24a], the
present paper proceeds from the latter feature of the autocorrelation
function in dealing with noise and random components, and
proposes a recursive-based implementation of it by eliminating a
few first time lags in each recursive order to minimize the noise
effects. On the other hand, the autocorrelation function itself has
repetition characteristics in the sense that autocorrelation function
detects not only the repetition periods but also the integer multiples
of the repetition periods of the time domain signal. This feature of
the auto-correlation function allows one to determine the
repetitions in the time domain signal more precisely by computing
the correlation of the autocorrelation function with itself in a
recursive manner. If the autocorrelation function is carried out r
times, the rt order recursive autocorrelation function for a real and
one-sided signal (time series) can be defined as [24]
Rxx(kr) =
Eq. 2-7
Rxx(kr—l) Rxx(kr—l - kr) ( a )
Kr_1=14+m

where k; is the " shifting factor (i.e. time delay), Rxx(Ko) is
regarded as the original signal, x(n), and N is the number of
captured data-points available in signal. Also, m is the first few
time lags, which represents the random components.

The complex autocorrelation can similarly be obtained using the
complex signals. Noted that, the resulting spectrum is real-valued
and not any more symmetric around the Nyquist frequency. The
imaginary part of x(t), xu(t) may be estimated using Hilbert
Transform (HT). Then, the complex signal can be formed as

E(t) = x(0) + jxu(0) (Eq. 2-8)
The so-called envelope signal is the magnitude of this complex
analytic signal.
Figure 3 shows the flowchart summarizing the pro-posed algorithm
for rolling bearing applications. First, the captured vibration signal
passes through the pre-whitening process by an AutoRegressive
(AR)-based signal modelling prior to further recursive enveloping
and autocorrelation processes. The so-called RAC spectrum is
obtained by applying the FFT on the envelope signal. The recursive
loops, including enveloping and autocorrelation function, may
repeated until the detectability of amplitude of the RAC spectrum
at the bearing fault frequency starts to reduce. In all recursive
orders, the “biased” autocorrelation functions are estimated and
autocorrelation functions are normalized such that the value of the
function at zero time delay is set to 1.0.
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Figure 3: Flowchart of the previously proposed RAC method for
rolling bearing fault diagnosis purposes.

D

It is expected that the recursive autocorrelation approach will
enhance the features of autocorrelation function in revealing the
repetition components and eliminating the random components.
The recursive autocorrelation function then tends to amplify the
diagnostic signal in rolling bearing fault detection. From the
definition, in the autocorrelation function, all sinusoidal
components are converted to cosines, meaning that all harmonics
of a particular periodicity line up in phase once per period and make
the most impulsive signal possible for those components, and this
can possibly be interpreted as enhancing the periodicity. However,
autocorrelation does enhance the fundamental frequency, but to the
detriment of its higher harmonics. This is a drawback of using
autocorrelation for condition monitoring purposes, which can be
partially counterbalanced by its excellent diagnostic feature in
revealing the periodic component and noise eliminat-ing by
windowing out the first few time lags in a recursive manner. The
recommended window size for the noise elimination process is first
10 time lags. Similar to the original envelope analysis, RAC can
also be used to derive the fault frequencies and corre-sponding
magnitudes for online and continuous mon-itoring purposes.

3. Description of the test-rig and tests procedures

In this section a brief description of the test setup as well as tests
procedures is given in some detail. The run-to-failure test
measurements are conducted at the Center for Intelligent
Maintenance Systems (IMS) of the University of Cincinnati with
support from Rexnord Corp. in Milwaukee, WI. [36, 37], which are
freely available to study and publish under NASA depository
license. A schematic and a picture of the test-rig are shown in
Figure 4 and Figure 5, respectively.
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Figure 4: Schematic bearing test-rig at the Center for Intelligent
Maintenance Systems (IMS), adopted from [36].

The bearing test-rig consisted of four test bearings on one shaft.
The shaft was driven by an AC motor and coupled by rub belts. The
rotation speed was kept constant at 2000 rpm. A radial load of 6000
Ibs. (26.67 kN) was added to the shaft and bearing by a spring
mechanism. All the bearings were force lubricated. An oil
circulation system regulated the flow and the temperature of the
lubricant. A magnetic plug installed in the oil feedback pipe was
continuously collecting debris from the oil as evidence of bearing
degradation. All tests were stopped when the accumulated debris
adhered to the magnetic plug exceeded a certain level and cause an
electrical switch to close.

Figure 5: A picture of the test-rig, from [36].

All the four test bearings are Rexnord ZA-2115 double row bearing
with 16 rollers in each row. This bearing type has a pitch diameter
of 71.5 mm, a roller diameter of 8.4 mm and a tapered contact angle
of 15.17°. Based on these geometry information, the corresponding
bearing fault frequencies are calculated. The vibration signals are
acquired with a sampling frequency of 20 kHz per channel by a
National Instruments DAQ Card 6062E data acquisition card. The
data recorder is equipped with low-pass filters at the input stage for
anti-aliasing. Each sample with 20,480 data points is collected
every 10 min. The acceleration sensor is the PCB-353B33 High
Sensitivity ICP accelerometer and installed on the bearing housing.
Three sets of tests are carried out. All tests are stopped until a
significant amount of metal debris was found on the magnetic plug
of the test bearing. Test 1 ended up with an inner race defect in
bearing 3 and a roller element defect in bearing 4. At the ends of
test 2 and test 3, outer race defects occurred in bearing 1 and
bearing 3, respectively. Noted that all failures occurred after
exceeding designed life time of the bearing which is more than 100
million revolutions.
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Three inspection photos from test one and two as well as the
corresponding trend of RMS for the entire life cycle are shown in
Figure 6. Pre-results in Figure 6 reveal that the RMS trend can
generally be divided into two stages. For example, for B3 of test 1,
in the first stage, during the first 30 days of operation, no
underlying trend can be observed. After the test had been carried
out for 30 days (approximately 86.4 million cycles), the RMS
started to slightly increase and the rate of change also increased.
The time domain feature, RMS, also shows that most of the bearing
fatigue time is consumed during the period of material
accumulative damage, while the period of crack propagation and
development is relatively short. This means that if the traditional
threshold-based condition monitoring approaches are used, the
time available for the maintenance crew to respond prior to
catastrophic failure after a defect is confirmed is very short. An
early warning approach that can detect the defect at the early stage
is demanded so that enough buffer time is available for
maintenance and logistical scheduling. Another important
information from Figure 6 is the inconsistent degradation patterns
for all test bearings. Even all the test bearings are the same type and
are tested under the same operational condition, their RMS trends
still show strong inconsistence.

4. Results and discussion

4.1. Fault detection

For all case studies, a total number of 41 bearing health indicators
(fault features) in which 9 in time-domain and 32 in frequency
domain are extracted for experimental investigations. Frequency
domain features include the bearing fundamental fault frequencies

and their higher harmonics. However, for the sake of brevity, the
results of two case studies, as example, are shown in this section.
Here, each captured dataset consists of 1 s of measurement at a
specific interval of 10 minutes. Figure 7 presents some basic and
advanced time domain-based features related to B3 of test 1.
Results presented here can reflect the effectiveness and
performance of these features in early bearing fault detections for
the test bearing. In fact, close inspection of the results in Figure 7,
in particular comparing all the features together, reveal that while
some parameters react to the fault initiation at a late stage, singular
values (average of first five singular values of the corresponding
constructed Henkel matrix using vibration data), RMS, and the
amount of entropy (from thermodynamics) of run-to-failure
vibration signals are more sensitive to the bearing fault. As seen,
some features (e.g. entropy) capture a sudden jump, indicating a
fault initiation.

Similar to the previous case study, using vibration data, but this
time for B1 of test 2, the corresponding time domain features are
plotted in Figure 8. As in the previous case study, all the statistical
parameters show individual behavior over time. Again, the singular
values shows the superior fault detection capability over some
basic and common statistical parameters. However, based on the
results presented here and those results obtained from previous case
study, once again it is seen that there is no-globally accepted
parameters for condition monitoring purposes. In order to
guarantee the robustness of the CM tool, a wide range of
parameters should be extracted. This suggests to use a self-adaptive
data size reduction technique.

0.8
07t Test#1: B3 —
' Test#1: B4 —
06 Test #2: B1
Test#3: B4 —

RMS values

Figure 6: Run-to-failure tests conducted at the IMS test-rig in terms of RMS values for bearings life cycle, showing fault degradation

patterns; pictures from [36].
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Figure 7: Calculated some well-known time domain features (indicators) related to B3 of test 1.

As explained in the section 2.2.1, PCA can project a number of
features into the Principle Components (PCs). These calculated
PCs can then represent the input features. Figure 9 shows the first
three PCs, describing a total of 41 health indicators (features) of B3
of test 1. 96% of whole the data fed into principle component
analysis is explained by PC1, 3.5% by PC2, 0.4% by PC3, and
0.1% by the rest PCs. This also can be seen by trend analysis of
PCs shown in Figure 9, where PC1 may introduce an excellent
monitoring opportunity instead of dealing with much individual
parameters. In addition, Figure 10 presents the projection of 3 PCs,
as the most important PCs, using a 3D plot. While PC 1 varies in a

range of 200, PC 2 varies in a range of 30, and 14 for PC 3. Results
in Figure 10 confirm all the findings in Figure 9. Similar to test 1,
Figure 11 shows principle component analysis results for test 2, but
this time using first two PCs, as these two PCs carry the most
information. In this case, PC1 and PC2 show the maximum
variations. Therefore, unlike the previous case, only two PCs are
considered for further investigations. After processing by the PCA
algorithm, PC 1 obtained in a self-adaptive manner behaves as the
optimum fault feature for this case study. The results for both case
studies shown here suggest that the accumulated contribution of the
first two PCs reaches more than 99.5% accuracy.
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Figure 8: Calculated some well-known time domain features (indicators) related to B1 of test 2.

In both the case studies, it is shown that PC 1 can be a reliable
single-parameter, which takes advantages of most relevant
parameter(s) and ignores non-irrelevant ones. As it is neither
desirable nor practical to deal with a wide range of parameters or
indicators, projection of all significant parameters in one single
parameter can significantly increase the reliability of a CMS.

It is also worth stating that from the definition accuracy of PCA
results depends on quality of the inputs (i.e. health indicators) as it
is only a reflection of whole input data.
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4.2. Fault diagnosis

In the previous section, it is shown that the existence of bearing
faults can be detected using statistical parameters together with
PCA, as a data fusion method. As a final experimental study, the
performances of the envelope and RAC analyses for fault
diagnostic purposes are assessed using run-to-failure data for B1 of
test 1. Figure 12 and Figure 13 show trends of magnitude of BPFO
and its higher harmonics obtained using the envelope analysis and
RAC analysis, respectively. As can be seen, frequency spectrum
obtained for the RAC method is more sensitive to fault frequencies
compared to state-of-the-art envelope analysis. Based on the results
in Figure 12 and Figure 13, RAC can immediately react to localized
faults on rolling bearings by enhancing the fault features in
frequency domain.
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5. Conclusions

In order to avoid the costly and time-consuming maintenance and
repairing process, a modern and robust maintenance strategy for
rotating machines is required to include vibration-based rolling
bearing fault detection and diagnosis scheme.

In this present study, various statistical- and energy-based health
monitoring parameters, as bearing fault features, have been
studied and investigated in some detail. Using long-term
vibration data captured from some run-to-failure tests, it is shown
that relying on Kurtosis and/or RMS parameters, as the most
common features, may not be sufficient for a reliable bearing
condition monitoring system. To overcome this issue, a number
of parameters need to be calculated from captured vibration
signals. However, this can lead to redundancy of the generated
and processed data. As a result, the application of Principle
Component Analysis (PCA) in data fusion and data size
reduction is shown. It is also observed that the fault detectability
of a bearing monitoring system, which calculate some health
indicators, can be enhanced by PCA.

In terms of bearing fault diagnostics, a previously proposed
method, namely, Recursive Autocorrelation (RAC) analysis, is
tested using run-to-failure datasets. The diagnostic results
presented here show that the frequency domain-based fault
features using the RAC method can lead to an earlier fault
detection compared to the traditional envelope analysis, and
therefore can be considered as a potential alternative for
envelope analysis in real-world industrial applications. However,
further investigations should be performed on the RAC method,
in particular for signals obtained from a complex system, e.g.,
gearbox in a drivetrain, to assess its performance in the presence
of other vibration sources.
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